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The Truck Steering System From Hand Wheel to Road Wheel



The L. Ray Buckendale Lectures, inaugurated in 1954, commemorate the contributions of the 1946 SAE President as a developer of the latent abilities of young men and as an authority in the theory and practice of gearing, particularly as applied to automotive vehicles. A cash award and certificate are provided for an annual lecture and monograph by a distinguished authority in the technical areas of commercial or military ground vehicles for either on- or off-road operation. The Lectures are directed toward filling the needs of young engineers and students for up-to-date practical knowledge. This lecture results from the SAE Board of Directors’ acceptance of a proposal by the Automotive Group, North American Rockwell, that SAE establish and administer an L. Ray Buckendale Lecture series with funds provided by that corporation in accordance with the SAE Plan for Administration.
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John W. Durstine is Manager of the Ford Heavy Truck Systems Engineering Department. In this capacity, he is responsible for the technical assessment of Heavy Truck design programs as part of the Ford Truck Operations product verification procedure. In his prior assignment as Manager of Heavy Truck Advanced Engineering, he developed program plans and performed vehicle package studies for future model trucks. Mr. Durstine has applied the systems concept to interrelate the knowledge of the industry steering component suppliers and the experience of the vehicle engineers into a description of the design and development of a commercial vehicle steering system. Mr. Durstine’s background also includes experience in Ford Heavy Truck Sales, Product Planning, and Production Supervision. He holds a Mechanical Engineering degree from the Georgia Institute of Technology and received his Masters in Business Administration from the Harvard Business School. He is a member of the Detroit Section of SAE and has served on their Truck and Bus Activity Committee.
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The Truck Steering System From Hand Wheel to Road Wheel John W. Durstine Truck Operations, Ford Motor Co.



will fit the needs of the specific vehicle in question. The material presented here will concentrate on the application of these basic components and the design of the other related parts into a total system. Specific attention will be paid to the effect which the interrelated systems of front axle, suspension, tires, and cab package have on the performance and the design of the components in the steering system. The paper begins with a description of the important points of each component in a manual system including its characteristics and function in the steering system and a freebody diagram for each component which traces a driver input from the hand wheel through the linkage to the road wheel. After the basic information on component design has been presented as a foundation for further discussion, the subjects of related system effect on steering, vehicle dynamics, steering system characteristics, loads, and power steering are then presented to provide the reader with an understanding of all of the separate but related facets of a truck steering system. These various items



1. INTRODUCTION When the driver of a truck turns the hand wheel, he expects an immediate reaction at the road wheel with no consideration for what happens between the two points. His expectations are met because of the thousands of hours of thought given to the steering system characteristics by a multitude of engineers during the design and development of the vehicle. It is the purpose of this paper to present the basic facts of truck steering system design for the predominant front axle and suspension configuration for commercial vehicles in the United States over 10,000 pounds gross vehicle weight, i.e., non-driving, solid front axle with leaf springs, as a guide for the young engineer or student as he begins his initial assignment in this area of truck design. A commercial vehicle steering system is characterized by the application of basic industry available components such as steering gears, power steering pumps, valves, cylinders, and ball joints into a system which



ABSTRACT This paper covers the subject of commercial vehicle manual and power steering system design and development from the total vehicle viewpoint. It includes a discussion on the interrelationship of cab package, front suspension, and tires on truck steering as well as a description of the pertinent steering system characteristics. The function of the various steer-



ing system components are described as reference for system design and selection of industry available hardware for a specific application. The topics are presented in a manner which explains the logic of total steering system design from the initial stage of vehicle concept through the initial package proposal. 1



in the system but are not intended to replace the complete and specific freebody diagrams an engineer makes when performing a rigorous engineering mechanics analysis of a system and its individual parts. The axis system shown in Figure 1 and in the component diagrams is consistent with the one recommended in SAE J670b Vehicle Dynamics Terminology as quoted below:



are then combined in a section on design which traces the steering engineer’s participation in the creation of a new vehicle from the first line on the layout to the completion of the package proposal. The details of individual component design are left to subsequent research and learning by the reader because each component would merit a paper of equal length if addressed properly. After the design phase, the subject of reliability is discussed in terms of the systems approach to failure mode and effect analysis. The final section presents guidelines for evaluation of the prototype as a method for assessing the steering system where it really counts, on the road in a moving vehicle.



“8.2 VEHICLE AXIS SYSTEM (x,y,z) — This system is a right-hand orthogonal axis system fixed in a vehicle such that with the vehicle moving steadily in a straight line on a level road, the x-axis is substantially horizontal, points forward, and is in the longitudinal plane of symmetry. The y-axis points to the driver’s right and the z-axis points downward.” The individual component axes, if shown, are oriented to the major axes of the component and designated x’, y’, z’ with the same relationship to the vehicle as described above for the vehicle axis system. In addition, all angles of rotation of the linkage shown in the component diagrams are positive in the direction of rotation of the specific component when the linkage is executing a right turn. This positive direction is annotated by a plus sign ( + ) at the tip of the angular rotation arrow.



2. MANUAL STEERING SYSTEM DESCRIPTION 2.1 GENERAL — Because the steering system is a compilation of linkages, the most appropriate starting point is a discussion of the system components. Therefore, this section will present the prominent product features of the major components of a manual steering system as shown in Figure 1 in a manner which will provide background knowledge of the hardware for further discussion. The freebody diagrams in this section show the major forces, moments, and reactions on the individual components of the system shown in Figure 1 as the result of a right turn input by the driver. The diagrams provide a basic understanding of the force transmittal



2.2 STEERING WHEEL — Commercial vehicle steering wheels have a metal armature comprised of a screw machined hub with metal spokes and rim fabri-



TYPICAL MANUAL STEERING SYSTEM



Figure 1
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Figure 2 represents the forces imposed on the steering wheel, column, and shaft. The driver input effort is inclined at some angle to the wheel and is resolved into the two components: rim pull force and rim thrust force. The engineer should remember that the driver’s hands will not always be in the locations shown and should perform the appropriate stress calculations with these forces located in increments of wheel turn as required to validate the design proposal in question. The driver not only pushes and pulls to turn the steering wheel, but he also applies a resistance torque at times to hold a vehicle into a turn, especially in rough terrain. His capability to provide a resistance torque is usually greater than his capabilities with respect to turning the steering wheel. Therefore, both driver input and resistance forces must be considered in calculation of load input, system forces, and component stresses. In addition to rim pull and thrust forces, an entry force component is also shown. In many designs such as high tilt highway tractors, the steering wheel is a primary assist handle for driver ingress and egress. In this case, there will be a significant side force imposed on the wheel with magnitude and direction dependent upon driver weight and vehicle design. The rim pull force is converted into input torque to the steering shaft through the steering wheel radius. The mounting brackets for the steering column must provide the forces and moments to equalize the thrust force and side force components.



cated into one piece by welding. The armature serves as the load bearing structure of the wheel and is surrounded by a molded rubber or plastic material which must resist thermal distortion caused by prolonged exposure to the desert sun or sub-zero temperatures of the far northern winters and must be impervious to such chemicals as gasoline and lubricants, human perspiration, etc. Rubber wheels are painted and plastic wheels utilize impregnated colors. A large diameter is required to convert the available driver rim pull into maximum input torque with the limit on diameter being a function of driver comfort when using the wheel, available space for the wheel in the interior of the cab, and ease of performing maneuvers requiring more than an eighth of a turn of the wheel. The rim is elliptical in cross section with finger indentions on the under surface and dimensioned to provide a good grip both with and without heavy work gloves. The lower portion of the steering wheel hub fits into the upper flange of the steering column, and the wheel is mated to the upper end of the steering shaft by means of female serrations on the inside diameter of the hub and matching male serrations on the upper end of the steering shaft and a locking taper. The wheel is held to the steering column and shaft assembly by an attaching nut which mates with male threads on the upper end of the steering shaft. In many designs, the hub of the wheel also houses part of the turn signal, horn, and vehicle hazard flasher mechanism and coordination with these engineering groups must occur to complete the design job.



STEERING WHEEL, COLUMN, AND SHAFT ASSEMBLY



Figure 2
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friction to achieve satisfactory adjustment force requirements. The outer tube is attached to the firewall and instrument panel, and the inner tube supports the steering shaft and wheel (1)*. The steering column may also house part of an integral turn signal and flasher mechanism or provide support for a clamp-on external unit. In addition, the location, attachment, and plumbing of the trailer brake valve must be considered in column design as well as the routing of turn signal and horn wiring assemblies.



2.3 STEERING COLUMN — The steering column positions the steering wheel in the cab in relation to the driver and supports the steering shaft in proper relation to the seating package and pedal controls. This component can be designed as fixed or adjustable. If fixed, the steering wheel is always in one location which compels the interior cab package designer to select the compromise steering wheel position which best fits the range of seat positions and driver size. However, if the column is made adjustable, then the package engineer has the opportunity to tailor the wheel movement to provide an optimum wheel to driver relationship in all seat positions. A fixed column is usually tubular in construction with a stamped flange welded onto the upper end. The type of bearing provided for the steering shaft will affect the steering effort, and the choice between a bushing, ball bearing, or roller bearing is dictated by amount of thrust component due to column angle and possible cost/performance implications of one bearing versus another. No bearing will be placed in the lower end of the steering column if the steering shaft will receive adequate support from the U-joint at the steering gear. However, in cases where the lower end of the steering shaft is terminated by a double cardan or constant velocity joint, a bearing at the lower end of the column is required for proper function of the joint. A fixed column is attached to the cab by brackets on the instrument panel and firewall, and on some models a bracket on the toe-board is required for structural integrity. Consideration must be given to the dynamic design of the column to insure that undesirable steering wheel shake will not be encountered in normal vehicle operation. The category of adjustable column can be further subcategorized into two classifications: adjustment by rotation and adjustment by sliding. Adjustment by rotation pivots the steering wheel in a circular arc about a pivot point in the steering column. This motion displaces the wheel forward and up or rearward and down with a change in steering wheel angle to the horizontal for each adjustment position. A design of this type utilizes a fixed bracket attached to the instrument panel and firewall, a moveable bracket attached to the steering column, a pivot point between the two brackets, and a locking device to hold the brackets in the desired relationship to each other. Adjustment by sliding permits the wheel to slide in and out at a constant angle to the horizontal. With this type of mechanism, the cab package designer has the possibility of maintaining the optimum wheel angle in all positions of adjustment. The sliding column design features a stationary outer tube and a sliding inner tube with grooves in the tubes which form bearing races for ball bearings which reduce the sliding



2.4 STEERING SHAFT ASSEMBLY — The steering shaft assembly performs two functions. First, it transmits torque. Second, it absorbs the angular and/or length changes in the relationship between the steering wheel (cab mounted) and the steering gear (chassis mounted) for the following conditions: cab to chassis movement during driving, length change for adjustable columns and cab tilt on tilt cab models. As might be expected, the methods for providing these requirements are a function of the specific design proposal. Therefore, the material in this section will be presented in a fashion which will allow the engineer to select the most appropriate methods for the situation at hand. The torque is transmitted from the steering wheel to the upper end of the steering shaft by means of female serrations on the hub of the wheel and male serrations on the shaft. From there, the torque passes through the joints and shafts as required to fulfill the geometric demands of the vehicle design. The steering shaft assembly will experience torque loads in two directions: first, as the driver inputs effort to steer the truck; second, as the self-aligning forces in the front suspension return the linkage from a turn to the straight ahead position after the driver removes the input steering force. The shaft and joints must be sized for both fatigue life and yield under the anticipated loads transmitted in both the forward and reverse directions. The loads from normal driving are obvious, but one must also consider the less obvious case when a vehicle strikes an object such as a curb or log, or hits a severe pothole in off-road operation. In this case, the road input force will cause the front wheels to displace rapidly from their original position until the linkage hits the stops. This results in a force which rapidly accelerates the steering wheel in the reverse direction to an angular velocity in excess of that achieved during normal recovery from a turn. When the steering wheel has achieved this angular velocity, it has angular momentum which must be absorbed by the shaft during the instantaneous deceleration when the linkage contacts the stops. If this loading mode has not been adequately considered in the design, the shaft could fail in these circumstances.



* Numbers in parenthese designate references at the end of the paper.
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of slip joints are designed, consideration must be given to the possibility of excessive lash and installation of a take up mechanism if required. Adjustable columns of the sliding design present another challenge to the steering engineer because he must now provide axial displacements in the range of 4” to 6” with adjustment force requirements within the capabilities of the driver to push or pull the column to fit his seat position.



In addition to torque transmission, the shaft assembly must be designed with adequate rigidity to maintain correct alignment with the steering gear input shaft and not experience undue flexing in operation. The efficiency with which a steering shaft assembly transmits torque is a function of the efficiency of the bearings used to support the shaft and the efficiency of the joints used to provide the required shaft geometry. In conventional trucks with a fixed cab, the geometric considerations of shaft design can be classified into one of two categories. The first category occurs when the steering gear is placed on or close to the extension of the centerline of the steering shaft. This design configuration utilizes a straight shaft with one joint at the input shaft of the steering gear. This joint must have the capability to transmit the torque and absorb the angular and linear displacements between cab and chassis. The second category of steering shafts in conventional trucks is associated with a design whose parameters include a steering wheel position and location so related that the angular displacement between the two requires a two piece shaft. This type of shaft configuration generally utilizes a single cardan, double cardan, or constant velocity joint at the intersection of the upper and lower shafts and a pot joint or single cardan with a splined slip joint to terminate the lower shaft at the steering gear input shaft. The most typical methods for achieving the axial length displacement of the steering shaft on nonadjustable column installations in conventional trucks is through the use of the displacement characteristics of a flexible coupling, pot joint, or splined section in the shaft with cardan or constant velocity joints. In all of these cases, the tolerances involved do not produce excessive freeplay or lash in the system. If other types



The approach to the design of steering shafts for a tilt cab is more complex. There are two geometric configurations available to provide capability to tilt the cab as outlined below: • Single piece shaft with a single or double cardan joint located at the cab tilt axis. • Two piece shaft with a cardan joint at each end of a splined lower shaft. When a single cardan joint is used in the steering shaft assembly, the torque transmission will vary sinusoidally. This variation is not usually noticed in a manual system because it is of a relatively small magnitude in comparison to the turning effort. However, this is not the case with the reduced rim pull efforts associated with power steering, and the designer must become concerned with the variations in torque transmission for the latter system. In single joint systems, the angle should be limited to 15°, if possible, to insure no perceptible sinusoidal torque transmission, and angles above 15° should be evaluated in the prototype for acceptability. In double joint systems, the two cardan joints can be appropriately phased or a constant velocity joint can be used. Tabel 1 presents a comparison of steering column joint characteristics.



TABLE 1 — STEERING COLUMN JOINT CHARACTERISTICS JOINT TYPE



DISPLACEMENT



COST RANKING



REMARKS



ANGULAR AXIAL



FLEXIBLE COUPLING



5°



3/8 ”



POT JOINT



10°



1-1/2”



SINGLE CARDAN



22°



0



SPLINE OR EQUIVALENT LENGTH ADJUSTMENT FEATURE MAY BE REQUIRED



DOUBLE CARDAN



44°



0



SPLINE OR EQUIVALENT LENGTH ADJUSTMENT FEATURE MAY BE REQUIRED



LEAST EXPENSIVE



AVAILABLE ANGLE VARIES WITH AXIAL DISPLACEMENT



MUST HAVE BEARING SUPPORT ON BOTH SIDES OF THE JOINT TO CONTROL SINUSOIDAL TORQUE TRANSMISSION



CONSTANT VELOCITY



45°



0



MOST EXPENSIVE



5



SPLINE OR EQUIVALENT LENGTH ADJUSTMENT FEATURE MAY BE REQUIRED



2.5 STEERING GEAR — The heart of the steering system is the steering gear. Because of its importance, considerable space will be allocated to the discussion of this component. The material presented in this section will concentrate on the characteristics of the steering gear which affect total steering system performance and is not intended to be a discussion on steering gear design. Due to the large engineering effort and expenditures associated with the development of an all new steering gear, most system design projects will entail the selection and, perhaps, modification of an existing gear available from one of the industry suppliers. Therefore, the first section on the steering gear will present the items for consideration in the selection process. The next three sections will describe the three major types of manual gears: worm and roller, cam and lever, and recirculating ball.



The primary term above which determines torque multiplication is the gear ratio. However, the designer must remember that an increase in ratio not only increases the torque multiplication capabilities of the gear but also increases the number of hand wheel turns from stop to stop. Experience has proven that today’s ratios of 24:1 to 32:1 are approaching the maximum desirable number of hand wheel turns from stop to stop for over the road vehicles and that consideration should be given to improving the total system efficiency if more torque multiplication is required (2). 2.5.1.3 EFFICIENCY — In addition to the theoretical efficiency associated with the frictional forces in a gear set, the actual efficiency of a steering gear is affected by bearing losses and deformation from loading. It has been found that the latter two can be quite significant (2). Therefore, it is suggested that efficiencies for use in force and effort calculations be established by laboratory test of the proposed gear under anticipated loads. The reverse efficiency of a manual steering gear should be sufficient to provide a system which will return to a straight ahead position from a steering maneuver without excessive steering wheel spin.



2.5.1 SELECTION CRITERIA 2.5.1.1 PACKAGE — The space allocated for the steering gear varies from truck to truck and the following exterior dimensions should be checked to insure that the gear will both fit into its allotted space and be removable for service: length, width, and depth; mounting pad and hole configuration; and length from sector shaft to end of input shaft. Length, width, depth, and mounting pad configuration are self-explanatory. However, length from sector shaft to end of input shaft deserves some discussion. The location of the sector shaft is determined by the geometric considerations of the linkage design. With this point fixed, the location of the input shaft becomes a function of the distance from the centerline of the sector shaft to the end of the input shaft. In cases where the package space available for the input shaft is restricted, this dimension should be drawn on a layout and checked for suitable clearances. At times, it may be possible to rotate the gear about the sector shaft axis, input axis, or both to resolve a package problem if the gear in question has the flexibility to accommodate the input at either end and the output on either side.



2.5.1.4 STRENGTH AND DURABILITY — Any of the three types of gears can be designed to provide adequate strength and durability to meet a given load spectrum. However, they will vary in size for equal load bearing capabilities and overload factors. The major areas for consideration when evaluating a gear design from a structural viewpoint are briefly described below. One of the primary items is the unit stress of the contact area in the mechanism which transmits torque from the input shaft to the sector shaft. In addition to insuring that the gear model selected will meet the unit stress requirements, the designer must examine the margin of safety for vehicle overload conditions. A second item for evaluation is the strength of the input and sector shafts for torque capacity and method of bearing support to insure that the shafts will not fail under impact overload or deform under high operating loads to an extent which causes an unacceptable reduction of efficiency due to deformation. The bearings should be reviewed for adequate size to provide the desired life. The housing should be designed not only to take the loads from the input and sector shafts assuming rigid mounting but consideration must also be given to the fact that the mounting surface for the gear will most probably deflect at times. Therefore, this portion of the gear should be capable of absorbing a reasonable amount of anticipated deflection.



2.5.1.2 TORQUE MULTIPLICATION — Torqute multiplication is a function of two characteristics, gear ratio and efficiency, as described by the following equation:



SS



= T Where: SST = SGIT = GR = η SG =



(SG ) (GR) (η ) IT SG



Eq. (1)



Sector shaft output torque Steering gear input torque Steering gear ratio Steering gear efficiency under actual load



2.5.1.5 SECTOR SHAFT TRAVEL — A steering gear must provide adequate sector shaft travel to ac-
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2.5.2 WORM AND ROLLER



commodate the excursion of the linkage from full right turn to full left turn during all conditions of load and suspension articulation. Sector shaft over travel can be very damaging to a steering gear and adequate stops must be provided. Some gears feature integral stops. Others may require external stops on the pitman arm, steering arm, or tie rod arms.



2.5.2.1 GENERAL — Figures 3, 4, and 5 illustrate a worm and roller manual steering gear. This design features an hourglass worm gear on the input shaft with a rotating toothed follower on the sector shaft. As the input worm turns, the roller follows the helix and converts the curvilinear motion of the point of contact along the worm axis into a rotational motion about the axis of the sector shaft. From Figure 4, it can be seen that the arc of the worm pitch line is slightly flatter than the arc of the contact point. This geometrical relationship exists for the following interrelated reasons: first, it provides the capability to establish a no lash preload position on center and allows adjustment inward of the roller as the gear wears to maintain this preload without incurring binding in the off center sector shaft travel positions; second, it accommodates manufacturing tolerances; third, it assures center roller tooth contact in the on center position. For the remainder of the discussion in this section, it will be assumed that the point of contact lies on the pitch radius of the worm gear. This assumption has been made to simplify the equations which are intended to describe the characteristics of the worm and roller gear and not to provide direction for gear design and cutter layout.



2.5.1.6 PRELOAD — The various steering gear designs provide a method of establishing and maintaining a preload on the gear to achieve a no lash condition at the midpoint of the sector shaft travel to eliminate lash in the steering system during straight ahead vehicle operation. Therefore, it is imperative that the steering linkage be designed to insure that the on center position of the gear occurs when the road wheels are in the straight ahead condition. This stipulation can be met by either designing the linkage with a close control on tolerances or providing an adjustable drag link. 2.5.1.7 STANDARD RATING CONDITIONS — There is no industry accepted practice for rating gears with respect to load capacity, efficiency, etc. Therefore, the engineer must develop a typical loading cycle and consult with the manufacturers of the gears under consideration to select the correct model to meet his objectives.



Figure 3 (Courtesy of Ross Gear Division of TRW, Inc.)
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SIDE VIEW OF WORM AND ROLLER STEERING GEAR



Figure 4



END VIEW OF WORM AND ROLLER STEERING GEAR



Figure 5 8



2.5.2.2 GEAR RATIO — The ratio of this type of gear is determined by the relationship of the worm pitch radius to the radius from the centerline of the sector shaft to the point of contact on the worm and the cotangent of worm helix angle at the point of contact as defined by the following formula: GR =



RR RW



(cot γ )



Where: γ γ



= Worm helix angle on center ( = 0) 0 RW0 = As defined above in equation 3



Eq. (2)



RW = As defined above in equation 3 2.5.2.4 TORQUE RATIO — A decrease in helix angle on a worm gear causes a decrease in torque ratio due to a reduction in gear efficiency. Because the worm and roller steering gear is based on the worm gear principle and because the worm helix angle decreases from the center position of the worm to the extremities, the torque ratio of a worm and roller steering gear will also decrease from the center position to the extreme sector shaft positions as depicted by the following formula:



Where: GR = Gear ratio RR = Radius of point of contact between the worm and roller about the centerline of the sector shaft. RW = Worm pitch radius at point of contact measured from the worm axis γ = Worm helix angle at point of contact As the worm pitch radius increases, the worm helix angle decreases to maintain a constant lead on the worm. This would result in a constant gear ratio throughout the range of sector shaft travel if the point of contact were to fall on the worm pitch line. The small difference in these two arcs as discussed above is negligible with respect to gear ratio. Therefore, a worm and roller gear is considered to have the characteristic of constant gear ratio throughout the sector shaft travel.



FTR =



RR



= Pressure angle of the worm tooth



γ



= Helix angle of the worm at point of contact



µ



= Coefficient of friction at the point of contact



TR



= (GR) ( η



Where:



And: RW0 (tan γ 0 ) RW



a



Due to the fact that the above formula considers only the theoretical friction force between the worm and roller, the torque ratio calculated will be greater than that experienced in actual practice because of the omission of the efficiency losses associated with the bearings and deformation from load. Therefore, it is more practical to utilize the following definition of torque ratio in actual application:



= Radius of point of contact about the sector shaft axis = Angle of rotation of sector shaft axis from on center contact of the worm ( = 0 for on center)



arctan



= Radius of point of contact about the sector shaft centerline



RW = Worm pitch radius measured from the worm axis at point of contact



RW0 = Worm pitch radius measured from the worm axis for the center of the worm ( = 0).



=



Eq. (5)



FTR = Theoretical forward torque ratio considering only friction at the point of contact



Eq. (3) RW = RW0 + RR (1 - cos ) Where: RW = Worm pitch radius measured from the worm axis at point of contact at sector shaft angle .



γ



RR (cos a cos γ – µ sin γ ) RW (cos a sin γ + µ cos γ )



Where:



2.5.2.3 WORM PITCH RADIUS AND LEAD ANGLE — If the pitch radius and lead angle are known at the center of the worm (sector shaft angle = 0, reference Figure 4), then the pitch radius and lead angle of the worm at any point of contact associated with a rotation of the sector shaft through an angle from on center may be approximated by the following equations which are based on the assumption that the point of contact falls on the pitch radius of the worm for this analysis:



RR



= Worm helix angle for point of contact at sector shaft angle



SG



)



Eq. (6)



TR



= Torque ratio



GR



= Gear ratio



η



= Steering gear efficiency under actual load



SG



Trend estimates of efficiencies under rated load are 75% forward and 60% to 50% in reverse.



Eq. (4) 9



contact point from the centerline of the cam, R C , and associated angles.



2.5.2.5 OTHER GEOMETRICAL PROPERTIES — A crown is cut on either the worm or roller tooth to provide point rolling contact in the no load condition. As the load is increased, the elastic deformation causes the point to become an elliptical area and the relative motion to become a combined sliding and rolling relationship.



2.5.3.2 GEAR RATIO — The geometry of the cam and lever gear is quite complex, and a variable helix angle on the cam is required to produce a constant gear ratio. By appropriately varying the helix angle, a wide variety of constant and variable ratios can be produced in a cam and lever gear. The following formula represents the gear ratio at any point of contact between the cam and stud as shown in Figures 7 and 8:



2.5.3 CAM AND LEVER 2.5.3.1 GENERAL — Figures 6, 7, and 8 depict a typical cam and lever gear as used in commercial vehicles. This gear utilizes a constant diameter worm, called a cam in this case, on the input shaft and a cone shaped stud on the lever which follows the helix on the cam and converts the motion of the contact point into sector shaft rotation. As the stud traverses along the cam, the point of contact traces an arc about the centerline of the sector shaft as shown in Figure 7. By examining Figure 8, it can be seen that this arc causes the contact point to rise and fall relative to the x' axis of the cam in the side view with the high point being at the midpoint of the cam and the low point at the extremities of sector shaft rotation. This change of contact point loci must be considered in calculation of both the gear and torque ratios. Therefore, the following formulae for these two steering gear characteristics are in terms of distance of contact point from the centerline of the sector shaft, RL, and distance of



GR



=



R L cot γ RC



sin ( γ + θ ) sin (90 - γ )



Eq. (7)



Where: G R = Gear ratio at point of contact RL



= Distance from centerline of sector shaft to point of contact



RC



= Distance from the centerline of the cam to the point of contact



γ



= Cam helix angle at the point of contact



θ



= Position angle of the contact point relative to the x' axis of the sector shaft as shown in Figure 7.



Figure 6 (Courtesy of Ross Gear Division of TRW, Inc.)
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SIDE VIEW OF CAM AND LEVER STEERING GEAR



Figure 7



END VIEW OF CAM AND LEVER STEERING GEAR



Figure 8 11



2.5.3.3 TORQUE RATIO — The theoretical torque ratio at any contact point may be defined by the following formula: Eq. (8) FTR =



RL RC



[ ( [ ( sin θ



c o s a cos γ – µ sin γ cos a sin γ + µ cos γ



)]



+



RL sin α sin ζ cos ζ – θ cos RC cos α sin γ + µ cos γ



)]



= As defined above in equation 7



a



= As defined above in equation 8



ζ



= As defined above in equation 8



= As defined above in equation 7



θ



= As defined above in equation 7



a



= Pressure angle of the tooth on the cam at the point of contact



µ



= Coefficient of friction between stud and cam at the point of contact



ζ



= Position angle of the contact point relative to the y’ axis of the cam as shown in Figure 8



2.5.3.4 OTHER GEOMETRICAL PROPERTIES — Twin studs are often used in cam and lever gears installed in commercial vehicles to provide adequate sector shaft travel. The right stud as defined in Figure 6 of a twin stud gear is set slightly closer to the cam than the left stud and provides the preload adjustment in this design. Therefore, in the straight ahead driving position the contact point is on the extreme right section of the cam with negligible contact of the left stud under no load conditions. Under fully loaded conditions, there may be sufficient deformation of the parts to result in contact of the left stud. When the lever moves to the right, as defined in Figure 6, the right stud initiates the turn from the straight ahead position and then drops out of contact as the left stud moves into contact with the cam and continues the turn. For a turn in the opposite direction, the right stud remains in contact with the cam during the entire turn. The stud is crowned to provide point contact at no load which changes to an elliptical area as deformation from load occurs. The use of roller bearings on the stud provides rolling contact.



The friction force characteristics of the worm gear on the cam causes the torque ratio to be less in reverse than in the forward direction. Because of the geometric properties of the cam and lever gear, it is necessary to develop a formula for actual torque ratio in terms of theoretical torque ratio without friction at the contact point and then multiply this expression by the total efficiency of the gear which includes both the friction at the point of contact as well as the efficiency losses due to the bearings and deformation. Such an expression is shown in the following formula: R TR = RL (cot γ Sin θ ) ( η SG ) + C RL RC



(



cos ζ – tan α sin ζ sin γ



)



Eq.



Eq. (6)



Estimates for efficiency at rated load are 75% forward and 60% in reverse.



= As defined above in equation 7



γ



= (GR) ( η



) SG Terms as defined for Equation 6.



R C = As defined above in equation 7



2.5.4 RECIRCULATING BALL 2.5.4.1 GENERAL — The mechanical action of the recirculating ball steering gear shown in Figures 9 and 10 is best described in terms of the function of the various parts. The input shaft portion of this gear has a semicircular grooved helix with constant lead which provides one half of the path of travel for the recirculating balls. The other half of the path for the balls is a mating semicircular grooved helix cut on the inside of the nut. As the input shaft is rotated, the helix causes the balls to circulate and to force the nut up or down the input shaft. The lower surface of the nut is cut with gear teeth on a rack which mesh with the gear teeth on the sector shaft thus translating the linear motion of the nut into a rotational motion of the sector shaft.



( 9)



(cos θ ) ( η SG )



Where: = Torque ratio at any position angle θ



η SG = Steering gear efficiency including friction



at point of contact and losses in bearings and deformation.



RL



θ



TR



FTR = Theoretical forward torque ratio considering only friction at the point of contact



TR



= As defined above in equation 7



The last term of equation 9 is relatively small and it is sometimes considered as part of the steering gear efficiency. If this is done, the following equation may be applied to a cam and lever gear:



Where:



RL



γ



= As defined above in equation 7



R C = As defined above in equation 7 12



SIDE VIEW OF RECIRCULATING BALL STEERING GEAR



Figure 9



END VIEW OF RECIRCULATING BALL STEERING GEAR



Figure 10 13



2.5.4.2 GEAR RATIO — The gear ratio of a recirculating ball gear is constant throughout the sector shaft rotation and is defined by the following formula: R GR = S (co t γ ) Eq. (10) RW



the rolling contact of the balls on the worm eliminates the reduction in reverse efficiency associated with the friction force in a worm gear. 2.5.4.5 OTHER GEOMETRICAL PROPERTIES — The helical grooves on the input shaft and in the nut are cut in a form similar to a gothic arch. This shape in combination with the circular ball provides for rolling point contact in the unloaded condition and elliptical contact as deformation occurs under load. sector shaft gear teeth are cut on approximately a 7° ramp angle with respect to the centerline of the sector shaft. This angle provides the capability to establish a preload on the gear by adjusting the ramped teeth into the rack to eliminate lash in the on center position.



Where: GR



= Gear ratio



RS



= Sector shaft gear pitch radius



RW



= Worm shaft pitch radius



γ



= Worm helix angle



2.5.4.3 TORQUE RATIO — Because of the complex friction forces and geometric relationships in this gear, the most appropriate expression for torque ratio is: TR



= (GR) (η SG )



2.6 PITMAN ARM — The pitman arm is the member of the steering linkage which converts the output torque from the steering gear into a force to the drag link as shown in Figure 11. The most widely used method to attach the pitman arm to the sector shaft is the “split” joint as shown in Figure 11. In this construction, either full serrations or a partial spline is used to transfer the torque from the sector shaft to the pitman arm, and the split arm is tightened around the shaft by the clamping bolt to mate the male and female serrations or splines. When a partial spline is



Eq. (6)



Terms as defined for equation 6. 2.5.4.4. EFFICIENCY — The efficiency of the recirculating gear under rated load is approximately 75% in both forward and reverse directions. There is no loss in efficiency in reverse in this gear because



PITMAN ARM



Figure 11 14



view of a typical half ball joint. The subsequent portions of this section will discuss the characteristics which will be considered by the steering engineer in his selection of a particular joint design for a specific application.



used, the pitch radius of the female splines inside the pitman arm is designed slightly larger than the pitch radius of the male splines on the sector shaft to insure contact of all splines as the joint is tightened. If full serrations are rolled on the shaft, it must be remembered that this method of fabrication requires an undercut on the shaft which must be considered when calculating the load carrying capacity and fatigue life of the shaft. The split joint method is most prevalent because it requires less space than a tapered sector shaft with hobbed splines and an attaching nut. The end of the pitman arm which connects with the drag link has a tapered hole in it to accept the ball stud on the drag link.



2.8.1 ANGULAR ARTICULATION — A ball joint is free to articulate until the stud contacts the socket. Further articulation initiates deformation until the stud cams out of the socket and the joint separates. The prevention of cam-out is of major concern to the steering system designer, and he will check his linkage in all conditions of load, wheel-cut, and suspension articulation to insure that any angular displacement of the linkage is less than the angle required for stud to socket contact. In addition, he will insure that the joint design has adequate resistance to cam-out after metal to metal contact of stud and socket as a margin of safety. SAE J193 Ball Stud and Socket Assembly Performance Test Procedure describes the recommended practice for testing cam-out capacities of ball joints.



2.7 STEERING GEAR MOUNTING — The steering gear is mounted to the frame by bolts in the mounting pad on the steering gear. These bolts must withstand the reaction at the sector shaft from the drag link force acting through the pitman arm and the torque input from the steering shaft. The magnitude and direction of these forces and moments determines the number, size, and bolt pattern required for the design in question as shown in Figure 12.



2.8.2 EFFICIENCY — The torque absorbed in the ball joints is a factor in overall system efficiency and is a function of the specific joint chosen. Because each design situation is unique, the exact joint size and type cannot be chosen until the articulation and force requirements of the specific linkage configuration are known. Therefore, it will be necessary for the engineer to determine his requirements and then consult



2.8 BALL JOINTS — Ball joints are used on both ends of the drag link and tie rod to provide for the angular displacement and rotational movement of these members caused by front wheel rotation and suspension articulation. Figure 13 is a cross sectional



STEERING GEAR MOUNTING



Figure 12 15



supporters of the adjustable drag link point to the ease of setting the gear on center with the wheels straight ahead both on the assembly line and in field service. The force from the pitman arm is transmitted through two ball joints in the drag link and their efficiency must be considered when performing steering effort or system force calculations.



with the ball joint supplier regarding type, size, and efficiency. It should be noted that the meaningful efficiency for steering effort calculations is the efficiency after the joint has had a chance to seat with a few miles of operation. 2.8.3 OTHER CONSIDERATIONS — Ball joints can also be fabricated without a spring as shown in Figure 14. In this case, axial thrust loads are taken by compression of the polyethylene insert and wear takeup is provided by internal pre-compression of the bearing material at assembly. Evaluation of this type of full ball joint with a polyethylene insert has indicated the following advantages: improved efficiency, reduced lost motion under high load, smooth torque transitions, and lube for life (2).



2.10 STEERING ARM — The steering arm is usually a forged component which converts the drag link force into a turning moment about the left king pin (Figure 16). The steering arm is attached to the spindle by a keyway, a locking taper, and a nut. The arm extends either to the front or rear of the spindle depending upon the package constraints and then bends to locate the steering arm ball joint at the correct geometric location. Care must be taken to consider all brake and shock absorber offerings when packaging a proposed steering arm design and to provide adequate clearance to all portions of these components including actuating chambers on air brakes. The end of the steering arm which connects with the drag link has a tapered hole in it to accept the ball stud on the drag link.



2.9 DRAG LINK — The drag link connects the pitman arm and steering arm. In some cases, it is a one piece forging as shown in Figure 15 with the ball joint socket formed in the end. If a one piece design is used, care must be taken in the tolerance stack up of the steering and front suspension components to insure that the vehicle will be assembled with the steering gear on center when the road wheels are straight ahead. The proponents of the one piece design recognize these manufacturing and assembly tolerances and specify them as required because the one piece design prevents misuse in the field of the adjustment provision in a multipiece drag link. On the other hand, the



2.11 LEFT SPlNDLE AND KING PIN — The torque from the steering arm rotates the left spindle, wheel, and tire about the king pin (Figure 17). The total torque requirement is comprised of four portions. The first portion turns the left wheel and tire. The second portion furnishes the forces necessary to lift



DUAL BEARING, LOW END MOVEMENT HALF BALL JOINT



Figure 13 (Courtesy of Michigan Division of TRW, Inc.)
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FULL BALL JOINT WITH POLYETHYLENE INSERT



Figure 14 (Courtesy of Michigan Division of TRW, Inc.)



DRAG LINK ASSEMBLY



Figure 15 17



STEERING ARM



Figure 16 the front end of the vehicle due to the king pin inclination angle. The third portion overcomes the torque lost in the king pin bushing and thrust bearings. The fourth portion is supplied to the tie rod arm for subsequent transmission through the tie rod linkage to turn the right wheel. The following equation represents the above description in a mathematical form: SA T = (LW + TR ) ( η ) T T KP Where:



2.13 TIE ROD — The tie rod is a tubular member which connects the left and right tie rod arms and thereby transmits force between these two components (Figure 19). This link in the steering system has an adjustable feature to provide the capability to set the front axle toe-in to the specified amount. This adjustment capability is achieved by female threads in each end of the tie rod with mating male threads on the ball joint shafts and locking clamps to hold the threaded connections firmly together after the proper length has been achieved. The efficiency of the two ball joints on each end of the tie rod must be considered in steering effort and system force calculations. During maximum effort brake stops or severe bump conditions, the tie rod whips. This whipping displacement causes an offset in the tie rod and the designer must realize that this condition is similar to a long thin beam in compression with a significant offset at the center. Therefore, he must calculate his stresses, sections, and safety factors accordingly. In addition, this displacement must be considered when establishing clearances between the tie rod and engine oil pan and exhaust system. Attention must be given to providing clearance between the tie rod clamps which hold the ball joints to the center section and the axle mounted shock ab-sorber brackets in full turn.



Eq. (11)



SA T = Steering arm input torque LW T = Left wheel displacement torque required to steer the truck and raise the front end TK T = Tie rod arm torque requirement η



KP = Efficiency of king pin bushings and thrust bearings



2.12 LEFT TIE ROD ARM — The left tie rod arm is attached to the spindle in the same manner as the steering arm, i.e., key, taper, and clamping nut, and converts the torque available to turn the right wheel into a force in the tie rod as shown in Figure 18. The tie rod end of this link has a tapered hole to accept the tie rod ball stud. The tie rod arm position must clear all adjacent brake and axle parts in all wheel-cut positions. 18



LEFT SPINDLE ASSEMBLY PLAN VIEW



FRONT VIEW



Figure 17



LEFT TIE ROD ARM
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TIE ROD ASSEMBLY
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RIGHT TIE ROD ARM
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RIGHT SPINDLE AND KINGPIN ASSEMBLY PLAN VIEW



FRONT VIEW



Figure 21



ed with the steering system components because these systems play a vital part in establishing the steering characteristics of the total vehicle. This section will describe these related systems and how they affect steering.



2.14 RIGHT TIE ROD ARM, SPINDLE, AND KING PIN — The right tie rod arm is a mirror image of the left and converts the force from the tie rod into a moment to turn the right spindle, wheel, and tire about the king pin (Figure 20). The right spindle and king pin assembly is similar to the left except that it has no steering arm attached to it in a manual system (Figure 21). At times in a power steering system, an auxiliary power assist cylinder is attached to the right spindle. In this case, the right spindle will have a steering arm. The efficiency of the right king pin bushing and thrust bearings must be factored into any calculation of torque available to turn the right wheel and tire from a given force at the right tie rod arm.



3.2 CAB PACKAGE — The cab package has a significant impact on the available driver rim pull. Figures 22 and 23 portray this statement in pictures and show how cab package affects both the location of the steering wheel with respect to the driver push-pull capability envelope and the amount of driver effort converted into available rim pull (2). The forces shown are of relative magnitude and are not intended as recommended driver input values for design consideration. Rim pull is a valid criterion for the measure of available input from the driver only for static maneuvers. For rolling maneuvers, time must be taken into consideration, and available driver power then becomes the appropriate measure of system input. A review of published data on driver power indicates that the general shape of the power curve can be defined as shown in Figure 24 but that quantified curves for males in typical truck seating packages are not available.



3. RELATED SYSTEM EFFECT ON STEERING 3.1 GENERAL — The preceding section has presented basic product knowledge on each component of the manual steering system. In addition, there are several related systems whose design must be integrat21



AVAILABLE DRIVER RIM PULL FROM SEATING PACKAGE WITH SUBSTANTIALLY INCLINED STEERING WHEEL



Figure 22



AVAILABLE DRIVER RIM PULL FROM SEATING PACKAGE WITH RELATIVELY FLAT STEERING WHEEL



Figure 23 22



SHAPE OF THE STEERING POWER CURVE



STEERING WHEEL ANGULAR VELOCITY-(RPM) Figure 24



attached parts move up and down as the springs deflect due to bumps in the road. The path of motion of the axle and attached parts can be defined by treating the spring as a three link mechanism as described in SAE J788a Manual on Design and Application of Leaf Springs. Our major interest is the arc of travel of the steering arm ball and the center for this arc as shown in Figure 25. In order to prevent steering wheel rotation due to bumps, the linkage must be laid out such that the pitman arm end of the drag link is on the center of the arc of the steering arm ball travel. When this condition exists, there will be no movement of the pitman arm to cause steering wheel rotation as the steering arm ball moves up and down. However, if the pitman arm end of the drag link is displaced from the ideal center of the arc of the steering arm ball travel, the movement of the steering arm ball as it travels along the ideal arc will be translated by the drag link into a fore and aft change of position of the pitman arm with associated steering wheel rotation as the pitman arm movement is traced back through the steering gear up to the steering wheel. Careful study of Figures 26 and 27 will indicate that the arc deviation in Figure 26 will result in a more perceptible condition of steering wheel rotation than the arc deviation in Figure 27. Reference Table 2 for the explanation of this statement.



Both maximum rim pull and available steering power are complex variables which are affected by the following factors: • Seating Package • Back angle • H-Point to Floor • Hip to Heel • Seat Configuration • Bench • Bucket • Steering wheel diameter • Steering column angle Unless the designer has accurate historical information on driver input, it is recommended that he utilize a proposed seating package buck as the test bed for a statistically valid human factors study of rim pull and steering power to provide driver input for use in design calculations. 3.3 FRONT SUSPENSION — The front suspension not only affects steering but also must be designed in conjunction with the linkage to insure geometric compatability. This section will describe that interrelationship in detail. 3.3.1 STEERING WHEEL ROTATION — When a truck traverses a given course, the front axle and all 23



IDEAL MOTION OF STEERING ARM BALL AND DRAG LINK DURING SUSPENSION ARTICULATION



Figure 25



MOST PERCEIVED STEERING WHEEL ROTATION



Figure 26
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LEAST PERCEIVED STEERING WHEEL ROTATION



Figure 27



TABLE 2 — EXPLANATION OF VARIATION IN PERCEPTIBLE STEERING WHEEL ROTATION VERSUS LOCATION OF PITMAN ARM



MOST PERCEPTIBLE STEERING WHEEL ROTATION — REFERENCE FIGURE 26 AXLE AND SUSPENSION MOTION



STEERING WHEEL POSITION



PERCEIVED STEERING WHEEL ROTATION



JOUNCE



STEERING WHEEL ROTATES 5° TO RIGHT



5° RIGHT



REBOUND



STEERING WHEEL ROTATES 5° TO LEFT



5° LEFT TOTAL PERCEIVED ROTATION OF 10°



LEAST PERCEPTIBLE STEERING WHEEL ROTATION — REFERENCE FIGURE 27 AXLE AND SUSPENSION MOTION



STEERING WHEEL POSITION



PERCEIVED STEERING WHEEL ROTATION



JOUNCE



STEERING WHEEL ROTATES 5° TO RIGHT



5° RIGHT



REBOUND



STEERING WHEEL ROTATES 5° TO RIGHT



5° RIGHT TOTAL PERCEIVED ROTATION IS 5°
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3.3.2 COMPLIANCE STEER — The previous section has discussed how steering wheel rotation is caused by the front suspension to steering linkage interrelationship during straight ahead driving. This section on compliance steer will discuss the front suspension to steering linkage relationship from the viewpoint of an input force to the steering system caused by vehicle attitude change. A typical mode of operation in which this condition occurs is during a turn when the centrifugal force causes the weight of the vehicle to shift from the inside wheels to the outside wheels resulting in a relative motion between the frame and axle by compressing the outside spring and relaxing the inside spring. In other words, the outside wheel is jounced and the inside wheel is rebounded. When this occurs, the steering arm ball will be displaced from its normal load location with respect to the frame. During this displacement, the steering arm ball will follow the arc around the pitman arm end of the drag link because of the driver input used to hold the vehicle in the turn. If the pitman arm ball joint does not lie on the ideal center of the steering arm ball, the front wheels will be rotated because the steering arm ball path of travel will be diverging from its ideal arc. If the wheels rotate further into a turn, the vehicle is said to oversteer; if they rotate away from the direction of the turn, understeer exists. Understeer is more desirable than oversteer because it is more natural to turn the wheel



further into a curve to correct for the change in wheelcut rather than to turn out of the curve. 3.3.3 AXLE ROLL STEER — So far in this discussion, we have been dealing with the effect of the front suspension motion on steering by describing how spring deflection affects the steering system in terms of input into the steering system resulting in steering wheel rotation and wheel cut changes. There is an additional consideration with respect to spring design and layout which will be examined at this time. If a leaf spring has the front eye on the center line of the main leaf, has zero camber in the normal load position, and is mounted level, then the amount of fore or aft movement of both the left and right side of an axle is equal in either slam or rebound. However, this left and right side symmetry of fore or aft axle movement with respect to slam and rebound will be destroyed if any of the following conditions exist: the eye is above or below the centerline of the main leaf, the spring is inclined, or the spring has either positive or negative camber. The primary concern with this aspect of suspension design and its effect on steering arises when the vehicle is cornering. As explained previously, the cornering forces cause a weight shift which results in compression of one spring and release of another which, in the circumstance under examination, results in a rotation of the axle in the plan view. Figure 28 depicts the front



ROLL STEER FROM FRONT AXLE DISPLACEMENT DURING LEFT TURN PLAN VIEW



LEFT SIDE VIEW



Figure 28 26



axle rotation during left turn. This illustration is drawn using the typical front spring configuration of positive camber, slightly downward sloping to the rear mounting, and upturned eye. This front suspension geometry results in an understeer condition as illustrated and is used for this reason. The rear axle can also have a roll steer effect with understeer being caused by any of the following conditions: negative camber, upward sloping to the rear mounting, or downturned eye.



Non-symmetrical springs present more of a problem from windup than symmetrical springs. The reader is referred to SAE 788a for a discussion on the determination of the actual windup for a proposed spring design. Spring windup also displaces the tie rod towards the engine and must be considered when establishing the clearance between the tie rod and engine, exhaust system, and other components. 3.3.5 FRONT AXLE GEOMETRY — Figure 30 is a pictorial representation of the front axle and tie rod assembly with the geometric characteristics annotated. Five of these will be discussed in this section: camber, toe-in, caster, king pin inclination, and king pin offset. These properties affect the stability, dynamic characteristics, steering effort, and returnability of a steering system and must be tailored to fit each unique design situation.



3.3.4 SPRING WINDUP — In this section, we will discuss the effect of the location of the steering arm ball joint on vehicle directional stability in severe brake applications. When the brakes are applied, the front springs absorb the braking torque and windup as shown in Figure 29. As the spring rotates, any point on the unsprung components other than the center of rotation is displaced. If the steering arm ball joint is on the center of rotation, it will not move when spring windup occurs. In this case, spring windup will not affect the steering system. If the steering arm ball does not lie on the center of rotation, it will move during spring windup and this movement will have one of the following affects on the steering system. If driver input or low system efficiency causes the drag link to remain in a fixed position when spring windup occurs, the change in position of the steering arm ball will result in a change in road wheel angular position. If the drag link is not held in a fixed position, steering wheel rotation will result from the steering arm ball movement.



3.3.5.1 CAMBER — Camber is the angle of inclination of the tire with respect to the ground and is positive when the distance between the top of the wheels is greater than the distance at the ground. A cambered wheel wants to roll around a point defined by the intersection of the inclined horizontal axis of the tire and the ground. Therefore, a cambered wheel must be forced to roll straight ahead; and unless the camber is equal on both wheels, an imbalance of restraining forces results. When camber exists, the restrained tire also scrubs because it must follow a path straight down the road



POTENTIAL STEERING EFFECT FROM SPRING WINDUP
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3.3.5.2 CASTER —Caster is the angle of inclination of the axis of the king pin to the vertical when viewed from the side. If the top of the king pin axis is inclined to the rear of the vehicle, the caster is positive. It is this rearward inclination which places the projected intersection of the king pin axis ahead of the tire contact point and creates a self-aligning moment in the suspension to stabilize the vehicle when driving straight ahead. Too much caster may result in excessive steering efforts or amplify a shimmy condition. Therefore, a balance between down the road stability, steering effort, and dynamic characteristics must be made when choosing the caster angle. It should also be remembered that as the brakes are applied. spring windup will lessen the positive caster angle.



when its geometrical rotation tendency is to roll in a circle about the intersection of the tire horizontal axis and the ground. Therefore, zero camber is desired to eliminate the tire wear caused by this scrubbing action. If the camber of the front axle is set at zero in the manufacturing process, the effects of bearing clearances and axle deflection due to load after installation in the vehicle will result in negative camber during vehicle operation. Because of the camber change with load, a slight amount of positive camber is usually applied to front axles during fabrication to offset the negative camber effects of bearing clearances, axle deflection, and dynamic operating loads. This results in a net camber of approximately zero when the truck is operated with normal design load. At times, it may be advantageous to specify different camber angles on left and right sides of the axle because of peculiar design, manufacturing, or route characteristics. Such circumstances must be investigated thoroughly because they are the exception rather than the rule.



3.3.5.3 TOE-IN —Toe-in is the relationship of the distance between the front of the front tires and the rear of the front tires. When the front distance is less than the rear, the wheels are toed in. This difference in distance is designed into a vehicle to counteract



FRONT AXLE AND TIE ROD ASSEMBLY
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This results in a combined rolling and scrubbing action of the tire which lowers the static steering effort. Rolling effort is also affected by king pin offset. The dynamic tire forces of rolling resistance and cornering force form a resultant force which operates through the lever arm of the king pin offset to create a moment which must be overcome by the input torque as the wheels are turned on a moving truck. In addition to affecting steering effort, king pin offset also affects the moments and forces induced into the steering system and related sub-systems due to loads from braking and road shocks by providing a lever arm for these loads.



the fact that the tires tend to toe-out when the vehicle is driven down the road. The desired amount of toe-in is just enough to achieve equal distances between the front and rear during normal operation and provide pure rolling action without tire scrub. 3.3.5.4 KING PIN INCLINATION — King pin inclination is the inward tilt of the king pin from the vertical. This front suspension parameter has a pronounced effect on steering effort and returnability. As the front wheels are turned around an inclined king pin, the front of the truck is lifted. This lifting of the vehicle is experienced as steering effort when the turn is executed and exhibits itself as recovery force when the steering wheel is released.



3.3.5.6 CENTER POINT AXLE — Front axle designers have utilized the principles presented above in the development of axles which will reduce steering efforts. Figure 31 represents a standard axle and Figure 32 a center point design concept which reduces dynamic steering effort by eliminating the king pin inclination and reducing the king pin offset (3). When utilizing the center point concept, the steering system engineer must recognize that this design may provide less package space around the king pin which could result in wheel cut and/or brake component restrictions depending upon the specific design proposal.



3.3.5.5 KING PIN OFFSET — The distance between the center of the tire patch and intersection of the king pin axis with the ground is defined as the king pin offset. This parameter of front end geometry has a major effect on static steering. If there is no king pin offset, the tires must scrub around the center of the pin patch when turned in a static condition, resulting in high static steering efforts. However, if king pin offset is added to the front axle geometry, the tire will then tend to roll around the intersection of the king pin axis with the ground even though the vehicle is static.



STANDARD STEERING



Figure 31 (Courtesy of North American Rockwell, Inc.)
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CENTER POINT STEERING



Figure 32 (Courtesy of North American Rockwell, Inc.)



force, the resultant force created lies behind the centroid of the tire contact patch and produces a selfaligning torque which will return the tire to the straight ahead position when the turning moment is removed. This tire characteristic, along with the suspension parameters of caster and king pin inclination, affects vehicle recover from a turn.



3.4 WHEEL OFFSET — Wheel offset is the distance from the mounting face of the wheel to the centerline of the wheel and provides the package space for the brake equipment. In the event wheel cut is limited by an interference between a brake part and/or tire component and some other adjacent member of the chassis, revision in wheel offset may resolve the problem. Consideration must be given to increases in wheel bearing loads from increased wheel offset in any decision involving such a design change.



4. VEHICLE DYNAMICS AND STEERING



3.5 TIRES — The two most significant tire characteristics which affect steering are lateral force and self-aligning torque (4). Lateral force is the tire property which provides cornering force. This force is created when the tire runs at an angle to the path of the vehicle. This angle is known as the slip angle and is shown in Figure 33. It is this deformation of the tire as an elastic body which provides the lateral force. The relationship of degree of slip angle to lateral force produced varies with tire characteristics, load, and inflation pressure (4). The self-aligning torque characteristic of a tire is a function of the distribution pattern of the lateral force with respect to the centroid of the contact area. As a tire is turned through a slip angle to create a lateral



4.1 GENERAL — This section will describe the significant dynamic characteristics of the vehicle which affect its steering properties but which are caused by vehicle parameters other than those associated with the steering system components per se. These characteristics are very complex in nature and are extremely difficult to predict analytically before a prototype is available for dynamic evaluation. However, the engineer should be aware of them and understand their implications so that his designs will trend in the correct direction during the initial phases of the project with final adjustments being made after the prototype has been evaluated on the road. 30



PLAN VIEW OF TIRE ILLUSTRATING SLIP ANGLE AND SELF-ALIGNING TORQUE



Figure 33



4.2 TRAMP AND SHIMMY — A solid I-beam front axle with leaf spring suspension as found on most commercial vehicles is prone to the condition known as steering shimmy due to front axle tramping. The easiest method to describe this phenomena is a step by step engineering mechanics analysis of the dynamics of the front axle and suspension system. Figure 34 is a schematic representation of the dynamic and mass properties of the front axle, springs, wheels, and tires where: KS



= Spring constant for the front springs



KT



= Spring constant for the front tires



LS



= Distance between the spring centers



LT



= Distance between the tire centers



MA



= Mass of front axle, wheels, and tires



JA



= Polar moment of inertia of the axle, wheels, and tires about a horizontal axis which passes through the centroid of the axle, wheel, and tire assembly and is parallel to the longitudinal axis of the vehicle



ω



= Any pitch frequency of the assembly about its centroid



ω 31



A



N A = Natural pitch frequency of the assembly about its centroid



DYNAMIC SCHEMATIC OF FRONT SUSPENSION, AXLE, WHEELS, AND TIRES



Figure 34



Such a dynamic system has two modes of vibration, bounce and pitch. If total symmetry of mass, spring rates, and distances exists, these modes are uncoupled. In actual application, such absolute symmetry never occurs, and the two modes are coexistent with one mode predominating. However, for clarity of explanation, further discussion in this section will be based on symmetrical distribution of the physical properties of the system and uncoupled modes. The mode which causes shimmy is pitch of the axle, wheels, and tires about the centroid of the system. When the system is excited in such a manner that the axle pitches through an angular rotation of θ with a frequenty ω A , the rotating wheels are also displaced through the same angle at the same frequency. This angular displacement of the rotating wheels about the longitudinal axis of the assembly causes a moment which will rotate the wheels from side to side about the king pin axes at the same frequency that the axle, wheels, and tires pitch about their centroid. This side to side rotation of the front wheels is known as shimmy, and the explanation of the development of the moment which causes the wheels to rotate about the king pins is contained in the next paragraph. The wheel is initially in position 1 shown in Figure 35 with angular momentum of H1 due to its rotation about axis OD. As the axle pitches, the wheel is displaced through an angle θ to position 2. In position 2, the wheel has an angular momentum H2 with magnitude equal to the momentum in position 1 but the direction has been displaced through angle θ by vector



M. The vector quantity M represents a couple, C, which rotates the tire about the king pin. Axle tramp and wheel shimmy can exist at any forcing frequency. However, it is most predominant at the natural pitch frequency of the spring, axle, wheel, and tire system: ω



NA =



( KS) (LS) 2 + (K T) (L T)2 2 JA



Eq.(12)



Forcing inputs can occur from any of the following: road irregularities such as tar strips, tire radial force variation, tire or wheel lateral or radial runout, or tire or wheel imbalance. If wheel shimmy is detected during the prototype development program, the following courses of action are available to alleviate the problem. First, the forcing inputs can be eliminated by reducing tire radial force variation, tire or wheel lateral or radial runout, or wheel or tire imbalance. If any of these methods are used, the engineer must remember that he cannot control the parameters of field replacement tires or operator maintenance of wheel balance and that more rigid specifications may have associated economic impact. Second, the natural frequency of the system can be raised above the anticipated frequency of input during vehicle operation by stiffening the springs or reducing the polar moment of inertia. Stiffer springs should be evaluated for their effect on ride and any change in 32



MOMENTUM DIAGRAM OF FRONT WHEEL AND TIRE



REAR VIEW OF LEFT HALF OF FRONT AXLE
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Figure 35 of attack of the sidewind vector increases with respect to the magnitude of the forward motion wind vector, the pressure center moves rearward on the vehicle. The aerodynamic shape of the vehicle also affects the pressure center. Streamlined bodies have the pressure center located more forward than box like bodies. Pressure centers are located by experiment on scale models in the wind tunnel because analytical prediction is extremely difficult. If the pressure center is ahead of the center of gravity as shown in Figure 36, the wind force will cause the vehicle to turn away from the wind. If the pressure center is behind the center of gravity, the vehicle will turn into the wind (Figure 37). For a pressure center ahead of the center of gravity, the driver must turn into the wind to return the vehicle to its original course. When the pressure center lies behind the center of gravity, the vehicle must be turned away from the wind to maintain its original direction. It is generally thought that turning into the wind to correct for a wind force is a more natural reaction than turning away from the wind. In actual practice, the location of both the center of gravity and pressure center are dictated by the user requirements of wheelbase, load distribution, and body type. Even though these factors are beyond the control of the engineer, he should be aware of wind wander so that he can detect whether a steering complaint arises because of a problem in the steering system or because of wind wander due to vocational vehicle configuration requirements and ambient wind conditions.



mass or dimensions to affect the polar moment of inertia must be examined for structural implications. Third, in instances of excessive caster, a reduction in this front axle characteristic will reduce the self aligning forces associated with positive caster and, thereby, may reduce shimmy. Care must be taken not to reduce caster to such an extent that the vehicle exhibits wander from lack of stability. Fourth, damping can be added to the steering system to eliminate the wheel rotation about its vertical axis even though the axle tramps. This action adversely affects the steering system efficiency and will result in higher efforts. Fifth, shock absorbers can be added to the front axle to reduce the tramping action. This adds cost to the vehicle but is probably the most practical and acceptable of the available remedies. 4.3 WIND WANDER — The directional stability of a vehicle in crosswinds is a function of the relationship of the pressure center of the resultant aerodynamic force to the center of gravity of the vehicle. It is assumed that the reader has a knowledge of how to locate the center of gravity of a truck. However, the factors associated with location of the aerodynamic force pressure center deserve explanation. There are two major considerations in the location of the pressure center: total resultant wind force and direction and body shape. The total resultant wind force and direction is a vector addition of the forward velocity of the vehicle and the magnitude and angle of attack of the crosswind. As the magnitude and angle 33



EFFECT OF SIDE WIND ON VEHICLE DIRECTION WHEN PRESSURE CENTER IS AHEAD OF THE CENTER OF GRAVITY



Figure 36



EFFECT OF SIDE WIND ON VEHICLE DIRECTION WHEN PRESSURE CENTER IS BEHIND THE CENTER OF GRAVITY



Figure 37
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If the weight were distributed so that the cornering forces from the front and rear tires were equal, the vehicle would exhibit neutral steer and no change in direction would occur from a change in lateral acceleration in a curve.



4.4 LATERAL ACCELERATION CHANGE IN A CURVE — Weight distribution and tire cornering force characteristics affect the directional control of a vehicle negotiating a curve if the lateral acceleration is changed while the vehicle is in the turn. Figure 38 shows a vehicle in a state of equilibrium in a curve. The front and rear tires have assumed the correct slip angles to balance the cornering forces so that the resultant cornering force passes through the center of gravity. Because the center of gravity is located in the forward portion of the vehicle, the front tires must contribute more cornering force than the rear tires to achieve a resultant force passing through the center of gravity. If the driver applies power while in the curve, the forward velocity will increase causing a change in lateral acceleration. This change in lateral acceleration must be offset by additional cornering force from the tires to reach a new steady state condition. However, this increase in cornering force does not occur instantaneously, and during the transient response period, there is a deficiency of lateral force at the tires in proportion to the weight distribution. This means that there is more of a deficiency of force at the front tires than at the rear tires. Therefore, the vehicle will tend to turn away from the original path, and the driver must turn the steering wheel further into the curve to maintain the original path of travel. This condition is defined as understeer.



If the weight were distributed to the rear, the vehicle would turn further into the curve as power is applied and the driver must turn the wheels away from the curve to maintain the original path of travel. This is called oversteer. Understeer is the desirable condition because the natural reaction is to expect to turn harder into a curve as speed increases. The above discussion has been based on a vehicle with four tires of equal cornering power. Now we will progress to trucks with two tires on the front and four on the rear. The key to this situation is to recognize that it is load per tire which will affect the tire lateral force distribution. Therefore, a single rear axle truck with dual tires can be loaded with a weight distribution of one third on the front tires and two thirds on the rear tires and experience neutral steer even though the physical center of gravity is in the rear portion of the vehicle because both the load and tires are distributed similarly, one third on the front and two thirds on the rear.



CHANGE IN PATH OF TRAVEL DUE TO A CHANGE IN LATERAL ACCELERATION
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5. MANUAL STEERING SYSTEM CHARACTERISTICS 5.1 GENERAL — The next several items for discussion concern the characteristics of the entire steering system. A knowledge of these properties is a vital prerequisite for a thorough understanding of steering system design. Therefore, they are being presented at this time as background knowledge for the subsequent section on manual steering system design.



CC



= Lateral distance between rotation points on the ground of the front wheels (intersection of king pin axis with the ground plane)



WB



= Wheelbase (assumes caster is zero which is industry practice)



If one were to attempt to devise a linkage to furnish perfect Ackermann Geometry for all turn angles, it would be quite a bit more complex than the industry accepted tie rod design which provides a close approximation of Ackermann Geometry with a basically simple design. Appendix I proves the relationship between Ackermann Geometry and tie rod geometry and provides a description of the layout technique used to evaluate a proposed tie rod design versus perfect Ackermann Geometry. The layout method has been included in Appendix I as a learning reference only because most engineering organizations use computer programs to check their proposed designs for acceptable fit to Ackermann Geometry. In addition to contending with the fact that a tie rod linkage does not provide perfect Ackermann Geometry, a commercial vehicle steering engineer must also examine how closely his proposed design approximates Ackermann Geometry for all wheelbases. It would be nice if a set of equations were available to provide the solution. However, it is a cut and try iterative process of examining various alternatives with respect to all wheelbases and choosing the best possible design from those available.



5.2 ACKERMANN GEOMETRY — One of the major requirements of steering system design is a linkage which minimizes front tire scrub by having pure rolling of the front wheels as much as possible during cornering. Perfect rolling action of all wheels on a truck can occur only when the front wheels are turned in such a manner that the intersection of their axes falls on the extension of the axis of the rear wheels at a common point. This is known as the Ackermann Principle and is illustrated in Figure 39. This geometric requirement is defined in analytical terms by the following trigonometric relationship which is proved in Appendix I: CC cot (OTA ) – cot (ITA ) = Eq. (13) WB Where: OTA = Outside wheel turn angle IT A = Inside wheel turn angle



BASIC ACKERMANN GEOMETRY



Figure 39 36



systems which would both protect the driver from steering wheel rotation due to road bumps and provide adequate self-recovery from a turn for maneuverability. The proper amount of reversibility is achieved when the self-aligning forces in the tire and front suspension cause the steering system to recover from a curve without excessive steering wheel spin. Special consideration must be given to reversibility in the design of power steering which will be covered in a subsequent section.



5.3 EFFICIENCY — Forward efficiency is defined as the amount of driver input torque which is available to turn the tires in relation to the total amount of input torque from the driver at the steering wheel. The steering system loses efficiency at these points: steering column bearings, steering shaft U-joints, steering gear, ball joints on the drag link, king pin bushings and thrust bearings, and ball joints on the tie rod. A small efficiency improvement in each area can produce a significant improvement in total system efficiency as illustrated by Table 3. Although an actual system will not have a symmetrical efficiency pattern as depicted in Table 3, the numbers presented there indicate that a 12% improvement in all components will result in a much greater system efficiency improvement of approximately 180%. It must be stressed that the efficiencies of all steering system components will decrease with load because of deformation. Therefore, the astute designer will laboratory test the particular designs under consideration to obtain actual efficiency curves representative of in vehicle installation and loads for use in his calculations.



5.5 LINKAGE RATIO — The geometric relationship of the linkage components in a commercial vehicle steering system results in the need for higher rim pull efforts to perform a right turn than a left turn (Figure 40). The inherent relationship in the linkage which causes this imbalance in steering effort is due to the difference in effective ratio between tie rod arms when in a right or left turn as shown in Figure 41. Because the tie rod linkage ratio is less than unity for a right turn and greater than unity for a left turn, it can be seen that the residual torque at the left wheel required to rotate the right wheel will be greater for a right turn than a left turn. Therefore, the input to the system must be greater when turning right than when turning left. This tie rod linkage imbalance can be partially counteracted by imbalancing the torque multiplication of the linkage between the steering gear and input to the left spindle in the opposite direction, i.e., less torque multiplication in a left turn and more in a right turn (Figure 42). One method to accomplish this is the placement of the steering arm ball ahead of the centerline of the spindle so that the effective steering arm is greater in right turn than in left turn as shown in Figure 43. It should be emphasized that this method reduces the difference between right and left turn efforts by not only reducing right turn effort but also by increasing left turn efforts. In addition, adequate sector shaft travel and package space must exist to implement this linkage design. Because the forward placement of the steering arm ball cannot fully offset



5.4 REVERSIBILITY — When trucks first began hauling freight, the roads were quite rough and one of the primary considerations in steering system design was to insure that the reversing forces from the bumps in the road were not transmitted back to the driver. The principal method for accomplishing this objective was the use of the worm gear design in steering gears. Because of friction, a worm gear is less efficient in reverse than forward; and if the lead angle on the helix is small enough, a worm gear will be irreversible. Therefore, by using a worm gear, the designer could get a high multiplication of torque in the forward direction and select an appropriate lead angle which would hold the front wheels in the selected wheel-cut position regardless of the severity of the bumps which were encountered. As time passed, roads improved, speeds increased, and the designer was faced with a situation in which a nonreversible system no longer was satisfactory. Time had come to design steering



TABLE 3 — INCREASE IN TOTAL SYSTEM EFFICIENCY ASSOCIATED WITH AN INCREASE IN INDIVIDUAL COMPONENT EFFICIENCY HYPOTHETICAL INDIVIDUAL COMPONENT EFFICIENCIES DRAG LINK BALL JOINTS STEERING PITMAN ARM ARM



KING PIN BUSHINGS LEFT RIGHT



TIE ROD BALL JOINTS LEFT RIGHT



TOTAL SYSTEM EFFICIENCY



STEERING COLUMN BEARINGS



STEERING SHAFT U-JOINTS



STEERING GEAR



.85



.85



.70



.85



.85



.85



.85



.85



.85



.19



.90



.90



.75



.90



.90



.90



.90



.90



.90



.32



.95



.95



.80



.95



.95



.95



.95



.95



.95



.53
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the imbalance in the tie rod linkage, commercial vehicle steering systems will exhibit a requirement for higher input torques in right turns than in left turns. Care must be taken if the steering arm ball is placed ahead of the center line of the spindle to avoid linkage lockup due to a 180° angular relationship between the steering arm and drag link in full left turn and cam-out



of the drag link ball joints due to excessive angular articulation caused by a short drag link. It is also possible to manipulate the pitman arm placement in a similar manner to achieve a comparable effect. If this is done, all of the above caveats regarding sector shaft travel, package space, cam-out, and toggle also apply.



RIM PULL EFFORT VERSUS WHEEL CUT



WHEEL CUT ANGLE Figure 40



EFFECT OF RIGHT OR LEFT TURN ON TIE ROD LINKAGE RATIO



Figure 41 38



LINKAGE RATIOS



Figure 42



STEERING ARM BALL OFFSET TO COUNTERBALANCE TIE ROD LINKAGE RATIO
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5.6 EFFORT — The first type of steering effort for discussion exists when the vehicle is in a stationary condition and the wheels are turned from stop to stop. If the king pin were vertical with its centerline coincident with the centerline of the tire, the effort could be expressed as the moment necessary to overcome the friction between the tire and road as the wheel is rotated around the king pin axis. However, this is not how most truck front suspensions are designed. Instead, the king pin axis is offset from the centerline of the tire and inclined to the vertical. In this condition, the tire will tend to roll and scrub around the intersection of the king pin axis with the ground (Point C in Figure 30) as the wheels traverse from stop to stop. In addition, the front end of the vehicle must be raised because of the inclined king pin. Experience quickly teaches the truck driver that static efforts are very high and that creeping efforts are much lower. This reduction in effort is achieved because the vehicle power plant now overcomes the rolling resistance and much of the scrubbing action is eliminated by the creeping wheel. When a truck is maneuvered at speed, the steering force input is used to accomplish the following: rotate the tire through the necessary tire slip angle to produce the cornering force, raise the vehicle front end weight due to an inclined king pin, and overcome the tire and caster self-aligning forces. In all cases discussed above, additional effort is required due to the efficiency losses in the system. Due to the complexity of the problem a mathematically correct description of steering effort is not available in published literature at this time. One method for calculating static steering effort has been published by Taborek (5). However, experience has proven that the Taborek analysis produces calculated efforts considerably lower than measured in actual vehicles (2). This condition arises because of the simplifying assumptions in the Taborek analysis. Given that there is no currently available satisfactory method for calculating steering effort, the question arises concerning how to handle this problem in a design situation. The answer is to instrument current trucks and obtain reference data from road tests for various maneuvers from stop to stop static steering to turns at speed. In addition to the vehicle testing, laboratory measurement utilizing incurred vehicle loads should be conducted on the steering gear, ball joints, king pins and thrust bearings, and steering column bearings to obtain their efficiencies. The engineer can now utilize the known forces, moments, efficiencies, and linkage geometric properties to calculate the moments at the right and left king pins required to produce the measured results. The king pin moments thus calculated are now available as reference data for future designs.



6. LOADS 6.1 NORMAL OPERATION — Loads from normal operation occur in a forward direction as the steering wheel is turned by the driver to cause a change in direction and in a reverse direction when the wheel is returned by the self-aligning forces to the straight ahead position. Both the magnitude and frequency vary with wheel-cut. For example, many more small but frequent loads will be experienced in normal straight ahead driving than the higher loads associated with a full wheel-cut in a static parking maneuver. In addition, a manual steering system will have fewer full wheel-cut, static park load occurences than a power steering system because the driver will creep a truck with a manual system and make two jockeying maneuvers with lower creep efforts rather than one maneuver with high static efforts. On the other hand, the driver of a power steered truck will choose to make the one static turn because his power steering results in low static efforts and there is no need to creep the vehicle to reduce the wheel rim pull required to execute the maneuver. The key to designing for fatigue life under varying load conditions is to set a correct objective and obtain accurate data on the typical customer load histogram. For those parts of a structural nature, such as pitman arm and steering arm, infinite fatigue life during normal operation is a correct objective. For those parts which wear with service, such as steering gears and ball joints, the key decision lies in the assessment of customer requirements and satisfaction. The decision on such components will obviously vary by intended truck usage and is a major management decision required during the initial phases of a vehicle program. Because of the wide spectrum of usage of any truck line, the designer will probably be required to synthesize a typical load cycle which takes into consideration the following points: number of full wheel-cuts in such applications as city delivery service, number of less than full wheel-cut turns in general usage, and number of down the road corrections in line haul service. The reader is urged to identify typical routes and collect load data over these routes from a truck with a steering system similar to the one under design consideration because such data will be of exceptional value in the following instances: establishment of laboratory tests to determine actual efficiency curves of components under consideration, performance of design calculations, development of accelerated laboratory tests which correlate to customer usage and life requirements, and evaluation of system performance in correct environmental conditions. 6.2 ABUSE — If the load histograms from instrumented vehicles are taken correctly, they will include sections of construction sites, gravel pits, etc., to obtain loads from off-road conditions. However, there 40



is one type of load which has a much larger magnitude and severity than normally experienced in rough usage. This loading occurs at very slow speed when a truck is driven into a curb during parking. This curb impact loading results in large forces and rise rates with significant dwell time (2). The key design decision in this situation is to insure that the vehicle can be steered after it has been subjected to this abuse loading even if some part has been permanently deformed. In addition, the deformation should be incurred in such a manner that the driver obviously knows that his abusive maneuver has caused damage in some component.



for potential effects on the steering linkage and suspension caused by the increased wheel torques and load transfer from the more powerful front brakes.



7. POWER STEERING SYSTEM DESCRIPTION 7.1 GENERAL — The previous sections have been concerned with the various aspects of a manual steering system. In addition, today’s commercial vehicles must also offer power steering and this section will cover that subject. The first truck power steering systems featured equipment which could be added on to an existing manual steering system. This approach was used because the initial installation rate of power steering on commercial vehicles was low, and it was not economically feasible to implement a specialized truck power steering system. Although many advances have been made, the truck engineer may still find that the add on approach is what is needed in a unique low volume situation today. In addition, this system is the easiest to understand and makes an excellent beginning point for a description of power steering. Therefore, the discussion of this subject will start with Figure 44 which is representative of the link valve and power cylinder system.



6.3 BRAKING — The braking force created by the tire at the road surface works through the king pin offset to create a moment at the king pin. This moment is then transmitted through the tie rod arms to the tie rod as a compressive force. The tie rod arms and tie rod must be designed to withstand these loads. Consideration must be given to the fact that during severe brake application the tie rod will whip, thus creating a bow in the tie rod. This offset of the center section of the tie rod, which is a slender column in compression, must be taken into account when the safety factor is established for the tie rod. Any upsizing of front brakes to meet the new Federal Motor Vehicle Safety Standards should be examined



TYPICAL LINK VALVE AND POWER CYLINDER SYSTEM



Figure 44 (Courtesy of Automotive Control Systems Group, Bendix Corporation)
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preventing an inward deflection which could cause binding and an outward deflection which would result in internal losses.



7.2 PUMP AND RESERVOIR — Truck power steering pumps are positive displacement and generally utilize a vane pumping element although some heavy truck lines are equipped with gear pumps. Because of the preponderance of the vane type pump, this discussion will be limited to this type. In most installations, the pump and reservoir are an integral unit mounted to the engine and powered by a belt or direct drive. If the pump horsepower warrants, a dual belt drive may be required. It is possible to remote mount the reservoir. If this is done, care must be taken to insure a positive pressure head on the pump inlet from the reservoir and adequate size hose and fittings to provide good flow characteristics into the pump without undue pressure losses.



7.2.2 FLOW CONTROL — A power steering pump is sized to provide adequate flow at engine idle. Because it is a positive displacement pump, the output will vary linearly with the speed of the engine. Therefore, at speeds above idle, there will be an excess of volumetric capacity. If this excess flow is allowed to circulate through the system, all components downstream of the pump must be sized to handle the maximum output potential of the pump which is in excess of the capacity required to steer the truck. Therefore, power steering pumps are equipped with a flow control valve which limits the discharge from the pump and recirculates the excess internally in the pump from the discharge back to the inlet port. Figure 48 is a schematic representation of a pump design characterized by a separate flow control valve and pressure relief valve. In this picture, the flow out of the pump has reached the desired control level. Therefore, the pressure drop at the venturi, which is communicated to the back side of the flow control valve, has decreased to a level which allows the flow control valve to be displaced by the output pressure from the pump permitting the excess capacity to shunt back into the input of the pump. This diverted high pressure flow is mixed with the low pressure fluid from the reservoir in such a fashion that it provides supercharging action to improve the intake characteristics of the pump at high speeds.



7.2.1 PUMPING ELEMENT — Figure 45 portrays the vane configurations used in today’s pumps. Although some of the available pumps have only one pressure cycle per revolution, the trend is toward the utilization of two pressure cycles per revolution which provides hydraulic balance on the rotor as shown in Figure 46. The hydraulically balanced rotor design eliminates the pumping load on the bearings found in unbalanced designs because the diametrically opposed pressure cycles cancel each other out. In addition to hydraulic balance on the rotor, some designs also feature hydraulic balance on the end plates as shown in Figure 47. The irregularly shaped area bounded by the O-ring defines a high pressure region which balances the internal pressures on the opposite side of the plate (6). The pressure balance on the end plates assists in



PUMPING ELEMENT CONFIGURATIONS



Figure 45 42



HYDRAULICALLY BALANCED SLIDING VANE PUMP



Figure 46



PRESSURE BALANCED END PLATE



Figure 47 43



SEPARATE VALVE DESIGN FLOW CONTROL OPERATING MODE



Figure 48 stream from the flow control venturi. Therefore, it must be sized to take the full flow control volume of the pump. Figure 52 is representative of an operating mode in which the pump speed is sufficient to warrant bypassing of some fluid by the flow control valve as well as diversion of the flow control volume of output through the pressure relief valve. Figure 53 is the schematic representation of a pressure relief valve which acts as a pilot valve to achieve a movement in the flow control valve to dump the flow of the pump through the flow control circuit to achieve pressure relief. In Figure 53 the pressure has just reached the relief point and the ball check valve has unseated allowing some fluid to pass from the blind chamber of the flow control valve back into the pump intake. As a result of this flow through the pressure relief valve, the pressure in the blind chamber is reduced. Therefore, the flow control valve body moves up as shown in Figure 54 and diverts the major portion of the pump output through the flow control circuit, thus relieving the pressure. Figure 54 portrays a steady state process of both flow control and pressure relief. In reality, the pressure relief pilot valve cycles extremely fast as the pressure builds up, dumps, builds up, dumps, etc. This movement of the valve is negligible and imperceptible to the human eye. Figure 55 is a representative pressure relief curve. Again, the deviation from theoretical is due to the flow and pressure characteristics of the valve.



At this point, we will introduce the combined flow control and pilot pressure relief valve design alternative which is also used in power steering pumps. Figure 49 shows this valve in flow control mode. The principle of operation is the same as explained above. Power steering pumps are available which use either an orifice or venturi to achieve the pressure drop required to activate the flow control valve. The venturi design will be more efficient at the process of converting pressure energy to velocity energy to achieve the pressure drop required to operate the valve. Therefore, the venturi design provides the potential to achieve lower internal pump pressures for the same external system pressure as shown in Figure 50 (6). Figure 51 is a representative curve which describes graphically the results of the flow control valve. The actual performance of a flow control valve deviates from the theoretical curve because the valve opening varies with flow rate and pressure due to the forces on the valve associated with the flow of the fluid through the valve. 7.2.3 PRESSURE RELIEF — A positive displacement pump will continue to develop output pressure until some component in the system destructs. Because of this, a pressure relief valve is required. Figure 52 is a schematic of one type of hydraulic circuit used for pressure relief. In this design, the pressure relief valve is separate from the flow control valve and is down44



COMBINED VALVE DESIGN FLOW CONTROL OPERATING MODE



Figure 49



ALTERNATE METHODS FOR ACHIEVING PRESSURE DROP TO ACTUATE THE FLOW CONTROL VALVE



Figure 50 45



REPRESENTATIVE FLOW CONTROL CURVE



Figure 51



SEPARATE VALVE DESIGN PRESSURE RELIEF OPERATING MODE



Figure 52 46



COMBINED VALVE DESIGN FlRST PHASE OF PRESSURE RELIEF OPERATING MODE



Figure 53



COMBINED VALVE DESIGN SECOND PHASE OF PRESSURE RELIEF OPERATING MODE



Figure 54 47



REPRESENTATIVE PRESSURE RELIEF CURVE



Figure 55 The pressure relief valve downstream from the flow control valve (Figure 52) circulates the fluid from the pressure relief valve either back to the reservoir or through a cooler to provide cooling during the pressure relief mode. The pilot valve design (Figure 54) does not provide this cooling capability because it recirculates all fluid internally in the pump, but it provides a very sharp pressure relief curve by dumping all of the fluid through the flow control circuit.



7.2.5 HORSEPOWER REQUIREMENTS — The horsepower required to drive the power steering pump is a function of flow rate and pressure. When calculating the horsepower, the correct flow is the total pump output, i.e., the sum of the flow out of the pump plus the amount diverted through the flow control valve.



7.2.4 INTERNAL LOSSES — Internal losses of a pump are characterized by the volumetric efficiency and the mechanical efficiency of the pump. Volumetric efficiency is the measure of the fluid slip from the high pressure region to the low pressure region past the different parts of the pump and is proportional to the pressure difference. It is determined by measuring the actual output at a given speed and relating this output to the calculated theoretical output based on pump displacement and speed. Mechanical efficiency is the measure of power wasted in the bearings and fluid turbulence. The product of volumetric efficiency times mechanical efficiency is defined as overall efficiency which is the relationship of power output to power input. Because of the ease of measurement of the volumetric and overall efficiencies, practice is to measure these and calculate mechanical efficiency from their relationship. One may also find some mechanical efficiency calculations based on theoretical volume rather than on actual volume. Therefore, it is necessary to be very definitive when dealing with



7.2.6 CAVITATION — Power steering pumps are subject to a phenomenon known as cavitation. As the fluid is compressed during the pumping cycle, any entrained air implodes and erodes the pumping element. It should be noted that it is not necessary to have gross sized air bubbles to experience cavitation. Therefore, the engineer should take all precautions to provide a design with a positive and adequate head of fluid at the pump inlet and run the pump at speeds which do not exceed the inlet porting capabilities of the design in question. Particular attention must be paid to location of remote mounted reservoirs with respect to positive head and size of the hoses between the reservoir and pump to insure adequate flow characteristics in the hoses to prevent the pump from pulling a vacuum due to a negative head on the reservoir or inadequate hose size. In addition, the characteristics of the power steering fluid should be examined in conjunction with the vacuums experienced in the pump to insure that all pressures are above the vapor pressure of the fluid. If this condition is not met, the fluid will vaporize and produce cavitation.



efficiency comparisons to insure that they are all calculated on a comparable basis.
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comes the force of the centering spring and the hydraulic reaction force, the spool is displaced as shown in Figure 57. In this figure the fluid under pressure is shown entering the valve and being directed to one side of the cylinder. Simultaneously, the valve displacement has connected the opposite side of the power cylinder to the reservoir port in the valve. The valve opening will increase as the effort to steer the vehicle increases and then stabilize at the position required to supply the power assist necessary to move the front wheels to the desired wheel-cut position.



7.3 CONTROL VALVES 7.3.1 OPERATION — The pump provides fluid under pressure to the control valve which channels it to the appropriate side of the power cylinder. The valve shown in the drag link in Figure 44 is a linear spool valve with the body of the valve connected to the steering arm and the spool of the valve connected to the pitman arm. Figure 56 is a schematic representation of a linear spool valve in the neutral position which occurs in straight ahead driving. In the neutral position, the fluid from the pump enters the valve, circulates through the valve, and returns to the reservoir. Equal pressure is exerted on both sides of the power cylinder and no fluid flows into or out of the cylinder because there is no movement of the piston. In the valve pictured, the spool is held in the neutral position by the centering springs and the hydraulic reaction force on the ends of the spool caused by the pressure from the hydraulic fluid which is communicated through the holes in the spool to the reaction areas. It is possible to design a valve with only hydraulic reaction. The use of a centering spring is a method to increase system road feel during the many small wheel movements in the straight ahead driving mode or to provide additional centering force if necessary to insure system recovery from a turn. When the truck is being steered “on the spring,” the drag link transmits the steering force in the same manner as a solid link in a manual steering system. When the force in the link required to steer the truck over-



7.3.2 HYDRAULIC REACTION — The pressure for power assist is communicated through the hole in the spool into the reaction chamber and acts against the end of the spool to cause a force which resists the motion of the spool. Because the pressure required to furnish power assist increases as the front wheels rotate from the straight ahead position, the reaction force will also increase as the front wheels are turned. This increase in reaction force results in an increase in steering effort which is proportional to road wheel turn angle thus providing a proportional feel to the driver of increasing steering effort as he turns the steering wheel. Some control valves have an additional hydraulic circuit which shuts off the hydraulic reaction force after a predetermined pressure. This allows for reactive proportional road feel during normal maneuvers but limits parking effort to a predetermined rim pull



LINEAR SPOOL VALVE IN NEUTRAL POSITION



Figure 56 49



LINEAR SPOOL VALVE IN DISPLACED POSITION



driver releases the wheel. With the valve in an open position, pressure will be communicated to the power assist cylinder which will prevent the system from reversing. If the engineer increases the spring force to provide a reversible system, he increases steering efforts and runs the risk of having a sudden breakaway transition between “driving on the spring” and power assist during normal maneuvers which results in a system with a feel similar to driving out of a rut every time a turn is made. Therefore, particular attention should be given to selecting components with good reverse efficiency for a power steering system so that excessive centering spring rates will not be required to achieve reversibility. 7.4 POWER CYLINDERS — The construction of the power cylinder is quite typical and will not be discussed in depth. However, two points will be noted which have impact on the design of the steering system. First, the shaft on the piston will cause one side of the piston to have less effective area than the other and this must be recognized and considered in force calculations. Second, the reversing force of the cylinder is an additional force for inclusion in the calculation of the torque required at the king pins to reverse the system. In some instances, it may be necessary to increase the front axle caster in a power steering system to achieve reversibility. The use of caster wedges between the front axle and spring is probably the most economical method to increase caster if required. Caution should be used when increasing caster because too much caster will amplify front wheel shimmy.



force which will be lower than that of a simple hydraulic reaction valve. This design is quite similar to the simple hydraulic reaction valve discussed above except that the hydraulic reaction circuit flows through the reaction force limiting valve into the reaction chamber behind the spool of the valve as shown in Figure 58. As the spool continues to displace and the pressure builds up in the reaction area, the limiting valve shifts in the opposite direction as the increase in pressure moves it against its bias spring. Finally, the limiting valve is displaced sufficiently to shut off the reaction area from the input pressure and no additional reaction force is created past this point. Figure 59 shows the valve in this mode of operation. A valve of this design provides proportional road feel during the wheelcuts associated with normal driving but limits the effort during the full wheel-cuts experienced during parking as shown in Figure 60. 7.3.3 REVERSIBILITY — This is the appropriate point to discuss the reversibility requirements of a system with the control valve in the drag link. The force exerted by the hydraulic reaction and centering spring, if used in the valve, not only affects the steering effort but also determines if the system will be fully reversible or will remain in a turned position when the driver releases the rim pull input force. If the hydraulic reaction and the centering spring cannot produce enough force to overcome the friction and inertia in the pitman arm ball joint, steering gear, steering shaft and Ujoints, steering column bearings, and steering wheel, the valve will remain in the open position after the 50



LINEAR SPOOL VALVE WITH HYDRAULIC REACTION LIMIT VALVE DURING PROPORTIONAL HYDRAULIC REACTION OPERATION



Figure 58



LINEAR SPOOL VALVE WITH HYDRAULIC REACTION LIMIT VALVE DURlNG LIMITED HYDRAULIC REACTION OPERATION



Figure 59 51



STEERING EFFORT VERSUS WHEEL CUT FOR LINEAR CONTROL VALVE



Figure 60



The designer should not feel constrained to the use of only one power source. In fact, the use of an auxiliary cylinder on very heavy capacity front axles in conjunction with a basic system designed for medium and heavy capacity axles is an excellent method for achieving the steering force required with a minimum of package space and cost, a maximum of parts commonality, and a potential for improved distribution of forces in the system.



a rotary valve. This valve is characterized by a torsion bar which attaches the input shaft of the steering gear to the rotary valve spool. As the steering wheel is turned, the torsion bar is displaced angularly providing both proportional road feel and operation of the valve. Figure 64 is a schematic of the valve in the straight ahead or neutral position and Figure 65 depicts the valve in the turning mode of operation.



7.5 SEMI-INTEGRAL SYSTEMS — As the installation rate of power steering increased, the component suppliers modified their designs by integrating the control valve with either the power cylinder or the steering gear. Figure 61 shows an installation of both an integrated valve and power cylinder and an auxiliary cylinder as discussed in the previous section. The integration of the valve and cylinder simplifies the installation and eliminates the hoses between the valve and primary cylinder. When the valve is integrated with the gear, it is put on the input shaft end of the gear. This reduces the reversing forces which the centering spring must overcome as well as making a more compact installation. Figure 62 shows one method for integrating a spool valve with a manual steering gear. The semi-integral recirculating ball gear shown in Figure 63 deserves further comment because it utilizes



7.6 INTEGRAL GEAR — The most current design trend is to the use of an integral gear as shown in Figure 66 (7). This component combines the valve, gear, and power assist system into one unit to achieve the advantages of: control valve mounted ahead of the steering gear for minimum reverse force requirements on the centering springs and improved hydraulic stability, elimination of lines from the valve to the cylinder for a reduction in leak points, and compact design for simplified packaging and field problem diagnosis. As the driver turns the steering wheel, the worm on the input shaft is displaced inside the ball nut and actuates the linear spool valve which directs fluid under pressure from the pump to the appropriate side of the power cylinder. Another integral gear design features an acme thread and nut in lieu of the ball nut components shown in Figure 66. 52



COMBINED VALVE AND PRIMARY POWER CYLINDER WITH AUXILIARY POWER CYLINDER



Figure 61 (Courtesy of Automotive Control Systems Group, Bendix Corporation)



Figure 62 (Courtesy of Ross Gear Division of TRW, Inc.)
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SEMI-INTEGRAL RECIRCULATING BALL GEAR WITH ROTARY VALVE



Figure 63 (Courtesy of Saginaw Steering Gear Division of General Motors Corp.)
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ROTARY VALVE IN NEUTRAL POSITION



Figure 64



ROTARY VALVE IN DISPLACED POSITION



Figure 65 55



Figure 66 (Courtesy of Ross Gear Division of TRW, Inc.)



7.7 SYSTEM CHARACTERISTICS — There are several power steering system characteristics which must be understood by the engineer if he is to implement a successful system design. The characteristics of road feel and reversibility have been covered in conjunction with the description of the control valve. This section will discuss the remaining points as well as describe how the components are sized.



on to an existing manual system, manual backup is achieved by stops in the actuator which convert the valve into a manual link after a small amount of travel. At that point, the system functions the same as a manual design. The same principle is applied to the systems which incorporate a combined control valve and power cylinder, semi-integral gear, or integral gear. 7.7.1.2 GEAR RATIO — In a manual system, the primary determinant in steering gear ratio selection is the torque multiplication required to achieve satisfactory rim pull efforts. In a power steering system, torque multiplication is not a major consideration in selection of a gear ratio because the power assist cylinder supplies the turning force, not the driver. Therefore, more emphasis can be placed on selecting a ratio to provide the desired stop to stop system response. However, when the power source is interrupted and the system reverts to manual operation, the effect of steering gear ratio on rim pull efforts becomes a design consideration. In practice, a ratio is usually selected which is faster than would be selected for a manual system but of adequate torque multiplication to provide the desired power off steering efforts.



7.7.1 POWER OFF OPERATION — The design of a power steering system must consider operation during the power off mode. The prime concern is the capability to control the vehicle without power assist until it can be stopped. This requirement for power off operation will have an effect on: component design to provide a mechanical backup system, steering gear ratio selection, design of the hydraulic circuit to prevent hydraulic blockage or excessive back pressures during power off operation, and the loads to be used for component design. 7.7.1.1 MECHANICAL BACKUP SYSTEM — When the control valve and power cylinder are added 56



7.7.1.3 HYDRAULIC CIRCUIT DESIGN  If provision is required in the hydraulic circuit to provide a means of pressure relief to eliminate the necessity to force fluid back through the pump during power off operation, a check valve can be placed in the control valve as shown in Figure 67.



And: GPMP



PC



+ GPMCL+ GPM PL



Eq. (15 )



Where: GPMP = Theoretical capacity of the pump GPM PC = Flow required to move the piston in the power cylinder = GPM CL Internal losses in the power cylinder



7.7.1.4 POWER OFF LOADS  Consideration must be given to the power off steering forces and their effect on such components as integral gears and other parts which experience loads during power assist operation of lesser magnitude than during power off operation. The system must be reliable to the extent that it should be capable of a nominal driving distance but thousands of miles of power off life are not expected.



GPMPL = Internal losses in the pump 7.7.3 TEMPERATURE — The discussion on system temperature will be divided into two categories: temperatures during normal operation and temperatures under severe conditions.



7.7.2 INTERNAL LOSSES — System internal losses adversely affect efficiency and temperature and must be considered when sizing components as shown below: PSIP = PSISF + PSICL+ PSILL Eq. (14)



7.7.3.1 NORMAL OPERATION  The mode of normal operation which must be examined for temperature profile is high speed, straight down the road running. In this state, the pump is overcoming the system back pressure at maximum output. Unless care is taken to insure a low system back pressure by use of adequate hose size and efficient routing and fittings, the system will build up excessive fluid temperatures which will reduce the life of the hoses and the seals in the components, especially the pump. If back pressure cannot be reduced, an external power steering fluid cooler placed in the return hose is the method used to lower the temperatures. The specific temperature objective is a'function of seal material and life objective.



Where: : PSIP



= GPM



= Pre ssure output of t he pump



PSISF = Pressure required in the cylinder to furnish the steering force PSICL = Pressure losses in the cylinder or integral gear PSILL = Pressure losses in the lines and valves



POWER OFF HYDRAULIC CIRCUIT



Figure 67 57



7.7.3.2 SEVERE CONDITIONS — The extreme operating temperature in the system is experienced when the pump is operating at maximum pressure and speed with zero flow from the pump into the system. This condition can occur whenever the front wheels must be held in a turned position without movement against a substantial resisting force. Such a situation might arise in off road maneuvering in frozen ruts or other such circumstances. When this operating mode is experienced, the valve is being held open to hold the wheels in the turn but the piston in the power cylinder is not moving. Therefore there is no flow out of the pump into the system and the pump is operating at pressure relief because it is connected to a blind fluid circuit. In addition, the engine is usually operating at or near rated RPM to provide the torque and horsepower necessary to overcome the rolling resistance. Therefore, the maximum amount of fluid is being recirculated in the pump. Under these conditions, temperatures can reach the 400°F to 600°F range in a matter of minutes. This will not only ruin seals but also exposes the pump to the possibility of seizure due to thermal distortion.



unloading valve versus pitman arm stops as shown in Figure 68 (1). While the pitman arm stops limit further wheel-cut, the pressure unloading valve only relieves the pressure and allows full wheel-cut to be achieved at higher rim pull efforts. In addition, the unloading valve when in the open position provides some bypass flow by increasing internal leakage in the gear which assists in maintaining lower operating temperatures. 7.7.6 POWER STEERING RASP — Any power steering pump with a finite number of pumping elements develops pressure fluctuations of frequency: f



= (N ) (RPS) (PE)



Eq. (16)



Where:



7.7.4 HYDRAULIC STABILITY — Oscillation of a linear spool valve may be induced by a quick short steering wheel rotation associated with an evasive maneuver or a bump. Such an input will cause the spool to move rapidly from the neutral position to the position required for power assist. If the inertia of the spool is larger than the forces from the centering spring and hydraulic reaction area, the spool will overshoot the position required to divert the flow of oil and will be displaced in the opposite direction by the compressed centering spring. The quick reversal could cause the same sequence in the opposite direction. If the lands on the valve are sharp causing quick application of power, the oscillations described above may become self-sustaining until the friction in the system dampens them out. In severe cases, hydraulic instability can be experienced in a static vehicle by a quick twist of the steering wheel. The usual method of correction for this condition is to grind a chamfer on the lands of the spool as required to achieve a stable system. The exact amount of chamfer must be tailored to each vehicle system.



f



= Frequency of pressure fluctuations in cycles per second



N



= Pumping cycles per revolution



RPS



= Revolutions per second of the power steering pump



PE



= Number of pumping elements on the rotor



In a system with a semi-integral or integral gear, these pressure fluctuations are transmitted from the pump to the gear by the fluid in the hoses which connect these two components and may cause the steering gear, shaft, and wheel assembly to vibrate at the frequency of the pressure fluctuations. This vibratory phenomenon can be perceived by the driver as a “buzzing” of the steering wheel known as power steering rasp. Experience has shown that this condition usually occurs at engine idle or low speed operation. If this situation occurs, it can be eliminated by the application of the pressure wave interference technique in which a secondary pressure wave is developed in the system 180° out of phase with the primary wave, thus cancelling out the first wave and eliminating the exciting frequency input. Figure 69 is a schematic diagram of such a device whose operation is described below. The pressure wave emanates from the pump and continues down the pipe to point A. At this point, the pressure wave propagates down the side passages of length λ / 4, bounces off the closed end of the side passages, returns to point A, 180° out of phase with the main pressure wave, and cancels it out. The dimensions of this device are dictated by the wave length of the pressure pulsations which in turn is dependent upon the construction of the tubing between the pump and the steering gear and the properties of the power steering fluid as defined by the following relationships:



7.7.5 LINKAGE STOPS AND PRESSURE UNLOADING VALVE — When the control value is placed in the drag link, pitman arm stops are used to unload the valve in maximum wheel-cut maneuvers such as parking. This prevents the occurence of sustained maximum pressure operation with its associated high temperatures in the pump. The pressure unloading valve in an integral gear provides the same feature by relieving the pressure on the power cylinder when the sector shaft travel approaches the maximum position (Figure 66)(7). There is one advantage of the pressure 58



RIM PULL EFFORT AND SYSTEM PRESSURE VERSUS WHEEL CUT FOR AN INTEGRAL GEAR IN STATIC TURNING



Figure 68



λ



=



C F



The design logic proceeds as follows: :



E q. (17)



Step #l  Define the pulse frequency which is causing the power steering rasp.



Where: λ = Wave length of a given frequency C f



Step #2  Establish a fluid and proposed tube design.



= Propagation rate of a pressure wave in the power steering fluid enclosed in the power steering hose = Frequency of th e pres s ure wave



And : C = VC



√



1 1 + KD Et



Step #3  Using the properties of the fluid and tube in Equation 18 calculate the propagation rate of the power steering fluid in the tube. Step #4  Use the propagation rate calculated in Step #3 in Equation 17 to determine the wave length associated with the pulse frequency established in Step # l.



E q. (18)



Step #5  Size the pressure interference device appropriately to cancel out the pulse frequency wave length..



Where: As d efin ed above C Characteristic propagation rate of the VC = power steering fluid, i.e., propagation rate in an infinitely large bulk container end not enclosed in a pipe K = Bulk modulus of elasticity of the power steering fluid D = Inside diameter of the tubing between the power steering pump and gear E



= Radial modulus of elasticity of the tube



t



= Thickness of the tube wall



7.7.7 POWER ASSIST COMPONENT SIZING 7.7.7.1 SYSTEM PRESSURE - The sizing of the power assist components begins with the establishment of a system operating pressure. Unless limited by the pressure capability of available components, the system pressure decision is a judicious selection between the highest possible pressure to provide the smallest components for case of packaging versus the cost of a high pressure system. Equation 14 must be utilized to account for the system losses when establishing operating pressures for each component. 59



DESTRUCTIVE INTERFERENCE TECHNIQUE FOR PRESSURE WAVE ATTENUATION



Figure 69 7.7.8 FLOW RATE REQUIREMENT — The effective area previously calculated is related to the speed of the piston during maneuvers to determine the system flow rate by the following relationship:



7.7.7.2 POWER CYLINDER EFFECTIVE PISTON AREA — After the pressure available at the power cylinder piston has been established, it is related to the force required from the cylinder to perform a full static turn by the following equation to determine the required piston effective area: FC PSI = Eq. (19) SF AP



GPMPC = (AP) (SP)



Where: GPMPC = Flow rate required to move the power cylinder



Where: PSI



SF



= Pressure required to furnish the steering force



F C



= Force required from the power cylinder



A



= Effective area of the cylinder piston



P



Where: = Force required from the power cylinder



SS = Sector shaft torque T R = Pitch radius of sector shaft gear S



AP



= Effective area of piston



SP



= Piston



speed



The piston speed is determined by how fast the driver turns the wheel and the linkage ratio between the hand wheel and power cylinder piston. The subject of driver ability to turn the wheel requires further discussion because it is a key factor in the determination of system flow rate. If the driver can turn the wheel faster than the pump can supply fluid to the power cylinder, the driver will beat the pump and will perceive an increase in steering effort when this occurs. Naturally, this is not desirable. Therefore, the proper wheel turn rate is critical in the calculation of flow rate. There are three modes of operation which must be considered when establishing wheel turn rate requirements. The first occurs when the driver turns the wheel from stop to stop in a static parking maneuver with the engine at idle. This condition of static parking at engine idle usually furnishes the flow rate for



When working with an integral gear, the sector shaft torque requirement must be converted to a force requirement from the piston by use of the following relationship before utilizing the above formula to size the piston effective area: SS T Eq. (20) F = C RS



F C



Eq. (21)
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pump capacity than can possibly be required to insure valid results.



sizing the pump. The other two modes of operation are a 90° turn from a standing start at an intersection and a maximum effort evasive maneuver. A properly sized pump will perform as shown in Figure 70 versus the three operating conditions just discussed. The most practical method for obtaining driver wheel turn rates is to instrument a truck with a similar seating package and power steering system and measure the rates as this truck is driven through the above maneuvers. Care must be taken to insure vehicle similarity to the design under consideration and more



7.8 LOADS — The customer usage load histogram for a power steering system will vary from that of a manual system by the existence of more static turns. This occurs because of the ease with which a static maneuver can be made with a power steering system in comparison with a manual steering system. Particular attention should be given to the loading patterns given in Table 4.



PUMP SIZING REQUIREMENTS



Figure 70 TABLE 4 — POWER STEERING LOAD CONSIDERATIONS CUSTOMER USAGE CONSTRUCTION MANY TURNING MANEUVERS ON SITES



MECHANICAL



SYSTEM LOADS HYDRAULIC



ABOVE AVERAGE NUMBER OF HIGH LOADS DUE TO FULL TURNS



CONSIDERABLE AMOUNT OF HIGH PRESSURE, HIGH SPEED PUMP OPERATION WlTH ASSOCIATED HlGH SYSTEM TEMPERATURES



ABOVE AVERAGE NUMBER OF HIGH LOADS DUE TO STATIC PARKING OPERATION



TYPICAL PRESSURE, SPEED, AND TEMPERATURE LOADS



NUMEROUS SMALL VARIATIONS IN WHEEL CUT AROUND THE STRAIGHT AHEAD POSITION



CONTINUOUS HIGH SPEED OPERATION AT FULL FLOW AGAINST SYSTEM BACK PRESSURE RESULTING IN HIGH SYSTEM STABILIZATION TEMPERATURES



CITY DELIVERY NUMEROUS CORNERING AND STATIC PARKING MANEUVERS LINE HAUL EXCEPTIONAL AMOUNT OF HIGH SPEED OPERATION
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parking to reduce the steering effort. Therefore, the key to parking effort lies in the establishment of an appropriate 1 mph objective as well as static effort. Rim pull is a valid measure for the static and 1 mph objective. As previously discussed, the true measure of dynamic steering effort is driver power. Therefore, steering power objectives for 90º turns and highway curves should also be established in terms of vehicle speed, rim pull, and rate of steering wheel rotation.



8. STEERING SYSTEM DESIGN 8.1 GENERAL — The previous material has been presented in a sequence which has developed the necessary background information for this section on steering system design. This topic will be covered from the viewpoint of an all new truck to illustrate the interrelationship of all systems. The discussion will concentrate on the total vehicle aspects of steering design and will not delve deeply into individual component design because a detailed coverage of each component would far exceed the limits placed on this paper.



8.2.3 REVERSIBILITY  The truck should recover from a turn without undue driver input and without excessive steering wheel spin. Because of the subjective nature of this system characteristic, the best method of establishing a specific objective is to reference the one to ten jury evaluation scale shown in Figure 71.



8.2 OBJECTIVES — The systems approach to a design project has been developed as a technical management method to assure the proper interrelationship of many disciplines and specialists in a manner which will achieve the desired end goals of a specific project. Two key acts in this process are the establishment of total system objectives and the subsequent development of subsystem and component objectives which support the total system requirements. These objectives not only guide the individual design decisions but also provide the yardstick for system evaluation, technical assessment, and final engineering approval. In actual practice, very detailed and quantified objectives on all levels are required. This can be accomplished because the specifics of the situation are known. However, the following discussions on objectives must be written in general terms because they



8.2.4 DYNAMIC CHARACTERISTICS  The truck should perform in such a manner that the driver does not need to concentrate on the act of steering while performing normal maneuvers. The factors for subjective rating on the jury scale, shown in Figure 71, are directional stability, steering wheel rotation from bumps, wind wander, shimmy, change of path in a curve due to a change in lateral acceleration, and brake swerve. 8.2.5 RELIABILITY — The system should operate satisfactorily in all environmental conditions of temperature, contamination (mud, snow, rain, etc.), and road conditions for the usage intended. In the event of a malfunction, the system must provide vehicle control with a definite warning to the driver of a problem.



must serve as guidelines for a variety of circumstances as each reader applies this technique.



8.2.1 MANEUVERABILITY — Maneuverability objectives are best expressed in terms of turning diameter and wheel-cut. The turning diameter relates the vehicle capabilities to the intended usage to insure that normal forward maneuvers will be accomplished in one pass. For example, a truck intended for city delivery usage should be able to make a right hand turn into a single lane alley from a two lane street in one pass. SAE J695a Recommended Practice on Turning Ability and Off Tracking furnishes the formulae and methodology for calculating turning diameter. Because of the multitude of wheel bases and usages, a more practical design objective is required. This is accomplished by relating a wheel-cut requirement to the turning diameter objective and using this in the design process. Wheel-cut requirements must be specified for all axle, brake, wheel, tire, and manual or power steering combinations.



8.2.6 DURABILITY — For components with a safety implication, infinite life in normal service is the appropriate durability objective. For other items, durability must be expressed in terms of component life which will provide customer satisfaction and competitive position. 8.2 .7 MAINTENANCE COST — the appropriate unit for a maintenance cost objective is cents per mile based on operator variable labor and parts cost. Specific components should have objectives established for both scheduled and nonscheduled maintenance. Particular attention should be paid to the labor hours for both categories because of the rapid rise in wage rates. 8.2.8 POWER STEERING — In addition to the previous objectives which apply both to the manual and power steering systems, the following unique power steering requirements must be considered.



8.2.2 MANUAL STEERING EFFORT AND DRIVER POWER  Care must be taken when setting this objective, particularly when considering static parking. Usually a driver will creep a truck during



8.2.8.1 EFFORT AND ROAD FEEL — A curve of rim pull effort versus wheel-cut is required to guide the design of the control valve and selection of operat-
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ing pressures and component sizes to achieve a satisfactory level of driver acceptance with respect to static and dynamic steering effort and handling. It is suggested that current systems be evaluated by a driveoff team of experienced personnel and rated on the scale given in Figure 71. These ratings and the effort versus wheel-cut curves for the trucks evaluated can serve as background data for the establishment of the effort and handling objectives for a completely new design. In addition, power off steering efforts are required as a guide for selection of a gear ratio. 8.2.8.2 TEMPERATURE — A maximum sustained temperature objective is required to insure adequate hose and seal life to meet the durability objectives. The existence of this temperature objective will guide the decisions regarding the necessity for and design of power steering fluid coolers. A curve of time versus temperature for the pump operating at full speed, relief pressure, and zero output is needed for the pump design and selection process with respect to burn out. 8.2.8.3 DYNAMIC CHARACTERISTICS — Absence of hydraulic instability in the control valve and absence of drift from control valve bias must be added



to the list of dynamic characteristic objectives previously established for the manual system. 8.3 FRONT AXLE LOCATION AND FRONT SUSPENSION — With the objectives established as guidelines for design decisions, the project begins with the layout of a total vehicle package. It is in this phase of the work that a great majority of the effect on steering from the related systems of front axle, front suspension, and cab package occurs. The first such effect is the location of the front axle, better known as front axle set back from the front bumper. This dimension is a function of intended vehicle usage as shown in Table 5. The front axle location dictates the basic spring position. Particular attention should be paid to the location of the fixed eye in relationship to the steering gear because the drag link must lie between the fixed eye and the steering arm ball for proper geometry. Therefore, the steering gear must be adjacent to the fixed eye or an idler system will be required to furnish the proper drag link location. 8.4 FRONT AXLE — The second item of associated system parameters which must be established is the front axle geometric properties of caster, camber, king pin inclination, toe-in, and wheel offset. The deci-



JURY RATING SYSTEM



Figure 71 63



TABLE 5 — ESTABLISHMENT OF FRONT AXLE SET BACK BASED ON MARKET REQUIREMENTS & TRUCK TYPE TYPICAL DIMENSIONS



MARKET USAGE



TRUCK TYPE



LINE HAUL TRACTOR SERVICE



CONVENTIONAL PLACE CENTERLINE OF FRONT AXLE AS FAR SHORT CONVENTIONAL FORWARD AS POSSIBLE TO MAXIMIZE LEGAL HIGH TILT WEIGHT ALLOWANCE IN BRIDGE FORMULA STATES



28”



CITY DELIVERY SERVICE



LOW TILT



PLACE AXLE AS FAR REARWARD AS PRACTICAL TO INCREASE FRONT AXLE LOADING AND IMPROVE MANEUVERABILITY



50”



GENERAL USAGE



CONVENTIONAL SHORT CONVENTIONAL



COMPROMISE BETWEEN FORWARD PLACEMENT TO PROVIDE LOWEST CAB HEIGHT AND REARWARD PLACEMENT TO PACKAGE LONG SPRING FOR OPTIMUM RIDE



26” - 34”



CONSTRUCTION



CONVENTIONAL



PLACE AXLE AS FAR REARWARD AS PRACTICAL TO INCREASE FRONT AXLE LOADING AND IMPROVE MANEUVERABILITY



46”



LOCATION OF FRONT AXLE



sions on these dimensions and configurations must be made with input from the steering engineer even though they are part of the front axle design. Because every situation is unique with respect to these critical front axle dimensions, it is not possible to recommend typical values. Instead, the engineer must base his first approximation on experience or, lacking that valuable ingredient, seek the advice of knowledgeable associates in the industry. It is also necessary to confirm which wheel and tire combinations will be offered with the associated wheel offset for each wheel.



The wheel-cut is established as required to achieve the turning circle. The tread width is dictated by the distance required between the tires and wheels and adjacent chassis and body parts to prevent interference at the desired maximum wheel-cut angle while maintaining legal 96” maximum overall width for on-highway usage. 8.6 POWER STEERING PUMP LOCATION ON THE ENGINE — Having participated in locating the front axle, designing the front suspension, selecting the front axle geometry, and establishing the wheelcut and tread width, the steering engineer now turns his attention to proper placement, mounting, and drive of the power steering pump on the engine. This must be done at this point because engine accessory configuration has an effect on engine overall length which is a prime consideration in the location of the engine in the chassis which is the next step in the development of the general vehicle package.



8.5 WHEEL-CUT AND TREAD WIDTH - Knowing the maneuverability objectives stated in terms of turning circle for a given wheelbase and the location and geometric properties of the front axle, the appropriate wheel-cut and tread width to achieve the turning circle specifications based on perfect Ackermann Geometry can now be established. When determining wheel-cut, the engineer must remember that any or all of the following interferences can limit wheel-cut and that they must be checked in all conditions of suspension articulation and all wheel-cut positions from full left turn to full right turn: l Tire to chassis components l Steering gear l Suspension components l Shock absorber l Cab mount brackets l Others as appropriate l Tire to sheetmetal l Tire to drag link l Air brake chambers to axle and associated steering components on the axle • Tie rod arms to axle beam l Others as appropriate



8.7 TIE ROD LINKAGE — The foundation has now been laid for the development of the tie rod linkage system to provide a geometry which achieves the desired wheel-cut and approximates Ackermann Geometry. One method for coping with the variance of wheelbases on a given truck model is to establish the geometry for the median wheelbase and check it for acceptable error on the shortest and the longest wheelbase. (See Appendix I for the graphic method of evaluating a proposed tie rod linkage versus Ackermann Geometry). After the tie rod linkage requirement for Ackermann Geometry has been determined, the tie rod arms and tie rod are designed with attention paid to the clearance between the tie rod arms and axle as well as the clearance between the tie rod clamps and shock absorber mounting brackets during full turn. 64



It is now time to finalize the design of a pitman arm. drag link, and steering arm combination with appropriate lengths and angular relationships which will provide the necessary wheel-cut and linkage characteristics while avoiding ball joint cam-out, linkage toggle conditions. or interference of any steering linkage component with adjacent parts in all conditions of loading. suspension articulation, and wheel angular positions. The final step is the location of the steering shaft from the gear input shaft to the hub of the steering wheel with particular attention to necessary clearances in V-8 engine installations.



The tie rod subsystem can now be checked for adequate clearance to the engine oil pan, exhaust system, and other related engine components with the suspension in full slam and spring windup. 8.8 CAB PACKAGE — While the front axle is being located, defined, and packaged, the steering engineer must coordinate his efforts with the cab package project manager to insure that the seating package chosen will allow the driver to exert sufficient rim pull effort and steering power to meet the input demands of the steering system. In addition, the package must provide adequate space for the steering wheel size chosen and must accommodate an adjustable column if this device is to be a feature of the steering system. Because of the many variables of package engineering and anthropometry, the only advice which can be given is to use a statistically valid sample of truck drivers in an evaluation of the proposed design alternatives in representative seating bucks to provide the data for final decisions.



8.11 POWER STEERING — With the exceptions of the location of the power steering pump on the engine, the information up to now has concentrated on manual steering system design. This has been done because manual system effort is the key to linkage design and steering gear selection. Having completed the initial proposal for a manual system, the steering engineer now has the basis for a selection of power steering system configuration. He must decide whether to use an add-on link valve and power cylinder, combination link valve and power cylinder, a semi-integral gear and power cylinder, full integral gear, or integral gear with an auxiliary cylinder. The previous sections on power steering should assist in this decision. Building upon the knowledge of the manual linkage design and force requirements, an operating pressure is determined and the power assist component (power cylinder or integral gear) is selected to produce the required forces. Having selected the power assist component, it is packaged in the system and the flow rates are established to provide the desired hand wheel turn rates. Now that system pressure and flow rate requirements exist, the pump can be selected, packaged, and mounted including accessory drive configuration in the space previously allocated in the engine accessory arrangement. With all the components located, the system is plumbed including an external cooler if vehicle design information tests indicate one is required.



8.9 SELECTION OF MANUAL STEERING GEAR — At this point, the manual steering gear should be selected considering the following points: capacity; forward and reverse efficiency under load; available ratios; ability to withstand overload: life under anticipated loading; cost to obtain desired modifications including estimates on tools. facilities. engineering. and piece cost; package size and ease of integration into the design proposal; and sector shaft travel. The material previously presented on steering gears will provide the necessary basic knowledge to allow the engineer to perform a thorough steering gear selection analysis. 8.10 MANUAL LINKAGE LAYOUT — The stage has now been set for the first layout of the manual linkage which begins with the location of the steering arm ball. Generally speaking, the steering arm ball is located in the side view at the center of the main leaf in the spring pack. This is approximately the center of rotation for windup. Therefore, the placement of the ball at this location will minimize brake swerve. With respect to plan view location for the steering arm ball, the engineer should use a distance from the king pin which will provide maximum effective moment arm considering turn angle desired and available sector shaft rotation of the steering gear. With the steering arm ball located, its ideal center can now be located by applying the three-bar link drafting technique to the front suspension proposal. The ideal center is then used as the reference point for locating the drag link end of the pitman arm in the side view. At this point, the steering gear is packaged considering available space and appropriate sector shaft to ideal center relationship.



8.12 SUMMARY — This section has been a concise synopsis of the thought process and work flow of the design of a commercial vehicle steering system. It has been intended as a basic guide for integration in the reader’s mind of the prior related but separately discussed topics and points on components, subsystem interrelationships, and steering system characteristics. At this point, we will turn our attention from design of the system to evaluation of its reliability and performance in a prototype vehicle. 9. RELIABILITY Reliability is of paramount importance in the design of a steering system because of the potentially severe 65



effects of a malfunction. A system reliability analysis begins with an examination of the total system and continues into a detailed analysis of each component and includes an investigation of any design, manufacturing, or assembly occurrence which could cause a malfunction. Upon completion of a proposed design, the engineer should perform a failure mode and effect analysis (FMEA). This is an organized thought process which stresses a thorough and factual approach to the assurance of system reliability. Figure 72 presents the format to be used in this analysis. The first column identifies the possible failure modes and the next three describe the cause and effect of the failure in question. The probability columns assign relative numbers on the occurrence, consequences, and detection of the failure using ten as a highly probable occurrence and one as an unlikely occurrence. The risk priority number is the product of the three columns and indicates the relative severity of the failure mode. A key to an effective FMEA is the listing of all possible failure modes. Although failure modes will be listed which are possible but not probable, the thoroughness of a total analysis will identify and insure resolution of all potential problems before they occur which might not be the case without the analytical discipline imposed by an FMEA. Appendix II contains an example of a hypothetical FMEA to illustrate the thought process involved in this approach to product reliability. 10. PROTOTYPE



the prototype. The vehicle development phase of a steering design program is extremely important because it is in this process that all the components are assembled into a total system and are evaluated subjectively by driving. This section of the paper is organized to present the flow of a prototype evaluation program and provide an understanding of the items required for scrutiny. Specific check lists have been avoided because of the tendency to make a check list a crutch which is rotely followed while some obviously unique and important factor is overlooked. Instead, the emphasis will be on evaluation technique, logic, and thought process. 10.2 lNSPECTlON OF PARTS — All components should be carefully inspected to insure that the parts are to the prescribed design level. It would be very disappointing to find at the end of a test program that the parts were not the ones to be released for production and that the test results are questionable. Besides insuring valid test results, the incoming inspection is a good check for potential manufacturing process and quality control problems. 10.3 ASSEMBLY FEASlBlLlTY — When all of the parts have been received and inspected, the prototype build begins. This is an excellent opportunity to confirm the assembly feasibility of the design, and representatives of the manufacturing activity should be involved in the resolution of any problems brought to light. Points for examination are: tool clearance, prevention of misassembly, provision for a quality control check for correct assembly, assembly time, and ease of assembly.



EVALUATION



10.1 GENERAL — The true measure of success of the design of a steering system is in the evaluation of



FORMAT FOR FAILURE MODE AND EFFECT ANALYSIS



Figure 72 66



are performed in a static condition. It is important that these events occur before dynamic evaluation to insure that the system is performing to design level during the driving tests.



10.4 SERVICEABILITY — After the vehicles are assembled, the system is evaluated for ease of serviceability (Figure 73). A proven technique involves the use of ranking each maintenance function versus competition with any rank less than any competitor sending the designer back to the drawing board to provide a competitive edge. The serviceability review should stress ease of periodic maintenance, quick removal and replacement of parts during unscheduled maintenance, minimum use of special tools, and the elimination of possible misassembly after servicing.



10.6.1 CAB INTERIOR — A manikin drop is performed to assure that the seat is located to vehicle package specifications and the following evaluations are then performed: pedal to steering column clearance; steering wheel to seat and knee clearance for ingress, egress and pedal operation; visibility of instruments (Figure 74); location of trailer brake handle on tractor models; adjustment of moveable columns; clearance of steering wheel to dash panel and other close objects; and steering wheel “feel” including rim size and section, spacing and configuration of finger grooves on the underside, and surface finish.



10.5 SYSTEM FUNCTIONAL CHECKS — Before the vehicles are moved out of the assembly area in the garage, system functional checks should be made to insure that the following conditions are met: the linkage provides specified wheel-cut, no toggle conditions exist, nominal clearances are satisfactory, linkage stops are properly set, front suspension is correctly aligned, power steering pressures and relief valve settings are correct, and preloads are set at the proper levels.



10.6.2 FRONT END ALIGNMENT — Caster, camber, toe-in, king pin inclination, and front ride height are checked in both the empty and loaded vehicle conditions.



10.6 STATIC EVALUATION — The next phase of evaluation covers those development checks which



10.6.3 SUSPENSION AND LINKAGE ARTICULATION — The vehicle is placed on a hoist and
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Figure 74 indicated, the system can be disconnected progressively from the right front wheel up to the steering wheel to identify the problem. In addition, information regarding static steering efforts versus wheel cut in normal load configuration is obtained on an exterior concrete surface for subsequent plotting of a steering effort curve (Figure 76). At the same time, linkage deflection under load is also examined.



depending upon anticipated usage, the front suspension is placed in the appropriate articulation modes shown below (Figure 75): Full Slam



Both sides of the front axle at metal to metal contact



Full Rebound



Both sides of the front axle at full rebound



Modified Jounce



One side of the front axle at normal load position and the other at metal to metal contact



Full Jounce



10.6.5 SYSTEM RATIO — The overall system ratio is established by the formula shown below and compared to the ratio calculated during system design:



One side of the front axle at full rebound and the other at metal to metal contact.



OSR = SWT WC



The front bumper should be maintained in a horizontal position to insure that the frame will not twist, so that the distances measured on the vehicle during the suspension articulation evaluations can be accurately related to the dimensions on the layouts which are drawn with a nondeflected frame. While in the articulated conditions, the steering system is cycled from full letf turn to full right turn and back again and the following items are evaluated: tire clearance to sheet metal, chassis parts, and steering linkage; ball stud angles for cam out; linkage clearances; toggle conditions; steering gear travel; and length and routing of power steering hoses.



Eq. (22)



Where: OSR



= Overall system ratio



SWT = Degrees of steering wheel turn from full left to full right turn WC



= Degrees of road wheel-cut from full left to full right turn



10.7 DRIVING EVALUATION — The vehicle is now ready for driving evaluation to prove whether or not the driver must concentrate on the act of steering the truck while performing normal maneuvers and to confirm the presence or absence of any undesirable dynamic characteristics (Figure 77). Because of the subjective nature of a driving evaluation, it is advisable to have several knowledgeable drivers rank each of the



10.6.4 STATIC EFFORTS — The system is cycled with the wheels on rotating plates to insure that all joints are functioning properly. If a malfunction is 68



Figure 75



Figure 76 69



acteristics will be measured in quantified terms: turning radius, steering effort, tie rod clearance in windup and jounce, and any close clearances noted in the static evaluation.



following characteristics by using the jury rating scale given in Figure 71:



•



When driving straight ahead, does the vehicle track without undue steering corrections?



•



When driving over rough roads, is the steering wheel movement objectionable?



•



When cornering, does compliance steer cause oversteer or understeer? The same for axle roll steer and changes in lateral acceleration.



•



Does the vehicle return from a curve without undue driver input or excessive steering wheel spin?



• •



Are the steering efforts acceptable?



10.9 POWER STEERING TEMPERATURES — The best method for checking power steering system temperatures is in a wind tunnel where the conditions can be accurately controlled. If this facility is not available, actual road tests in typical ambient temperatures can be utilized. If a wind tunnel is used to check stabilized maximum operating temperature, the test conditions would be: engine at governed speed and full load, wheels straight ahead, and 5 MPH to 15 MPH wind velocity. This simulates a long pull up a steep grade and will result in the most severe sustained temperatures anticipated in normal operation. Because the vehicle configuration has a great effect on stabilized maximum temperature, this test must be run on a vehicle in the wind tunnel or on the road. However, this is not the case for the full speed, maximum pressure, zero output pump burn out test. Therefore, this test is usually run on the bench in the laboratory.



Is the steering wheel correctly placed with respect to the seating package and cab interior?



•



Does the vehicle exhibit wheel shimmy at any particular speed or when driven over a bump?



•



Does the truck swerve with severe brake applications?



•



Does the power steering system exhibit dynamic instability or bias?



• •



Is the power steering road feel acceptable?



11. SUMMARY



Does the power steering pump provide adequate flow during the following maneuvers: static stop to stop turn, 90o turn from a standing stop, lane change, and evasive maneuvers.



This paper has been written as the first step in the journey from beginner to expert in the science and art of commercial vehicle steering design and development. It has been a general discussion in order to capture an overview of the total system. However, it is the fine points of design which achieve product improve-



10.8 DYNAMIC MEASUREMENTS — In addition to the driver evaluation, the following dynamic char-



Figure 77 70



ment. Therefore, it is hoped that the information presented here will serve as a foundation of knowledge upon which the young engineer will build his own accomplishments of technical excellence as he designs steering systems from the hand wheel to the road wheel.
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ITA



= Inside, wheel turn angle



WB



= Wheelbase
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X



= Distance from turning center to centerline of vehicle
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CC



= Distance between rotation points of the front wheels
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Subtraction of equation 24 from equation 23 above derives the basic Ackermann geometric relationship stated below: Eq. (13) cot (OTA ) - cot (IT ) = CC A WB This analysis has been based on the industry accepted practice of using zero caster in the layout of the Ackermann linkage. Therefore, CLYL is equal to the wheelbase. It may be further shown that the relationship between angles ITA and OTA must result in the intersection of lines CLP and CRP at the common point P on the locus of points formed by connecting points G and Y L if the conditions of Ackermann Geometry are to be satisfied by angles ITA and OTA. The proof follows:
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C L N = C LG – NG



Eq. (26)



CLG = GCR



Eq. (27)



C N = GCR – NG Eq. (28) L Substitution of CLN as defined in Equation 28 into Equation 25 results in the following: GC R – NG cot (IT ) = Eq. (29) A NP



15.1 GEOMETRIC PROOF — Ideal steering conditions for a forward steering, four wheeled vehicle exist when the axes of rotation of the forward wheels meet on the axis of rotation of the rear wheels at a common point, TC, as shown in Figure 78. When this occurs, all tires experience pure rolling action about TC. It is apparent from the geometry in this figure that the following conditions exist: CC (X + 2 ) cot (OT ) = Eq. (2%) A WB cot (IT A ) =



Eq. (25)



Substitution of GCR for CLG in Equation 26 results in the following:



15. APPENDIX I — A C K E R M A N N GEOMETRY



CC (X – 2 ) WB



C N cot (ITA) = L NP



The definition of cotangent (OT ) in similar terms is A readily apparent from examination of Figure 78 as: GC + NG Eq. (30) cot (OT ) = R A NP Subtraction of Equation 29 from Equation 30 derives the following: cot (OT ) – cot (IT ) = 2 NG A A NP



Eq.(31)



Because triangle GNP is similar to triangle GCLYL, we can write Equation 31 which is expressed in terms of triangle GNP as the following equation in terms of triangle GCLYL: 2 C LG CC cot (OTA ) – cot (ITA ) = Eq. (32) C LYL = WB



Eq. (24)



Where the terms for the above are defined as: OTA = Outside wheel turn angle 72



BASIC GEOMETRIC RELATIONSHIPS FOR PROOF OF ACKERMANN GEOMETRY COT (OT A ) — COT (ITA ) =



CL CR WB



Figure 78 Equation 32 is recognized as the basic Ackermann relationship as expressed in Equation 13. Therefore, it has been proven that line GYL represents the locus of points for the intersection of lines C LP and CRP when angles ITA and OTA fulfill the requirements for Achermann Geometry.



Step 2 — Divide the arc established in Step 1 into four equal segments and label them 1,2, 3, e L. Step 3 — Swing an arc around VR as the center with radius VRER. Step 4 — Using the tie rod length E LE R and points 1, 2, 3, e L on the arc of locus of points for the left tie rod arm ball joint, establish the corresponding points 1,2,3, eR on the locus of points on the arc for the right tie rod arm ball joint established in Step 3.



15.2 LAYOUT PROCEDURE — The tie rod linkage system will provide ideal steering geometry in straight ahead driving and at one specific angle of wheel-cut. This portion of the appendix proves this statement and presents a graphical method for determining how any proposed tie rod layout compares to the ideal Ackermann condition established in Section 15.1 of this appendix. The graphical technique begins by drawing the sideview, rear view, and plan view of the front axle as shown in Figure 79, and establishing the following points in all views:



Step 5 — Using any convenient radius, draw a construction arc about points CL and C R. Step 6 — Establish Point G midway between points CL and C Rin the plan view. Step 7 — Establish points 1', 2', 3', e L' on the left construction arc drawn in Step 5 by the following angular equalities: E LV Ll = GC L l' E LVL2 = GC L2'



C – Intersection of king pin axis with the ground E – Ball joint on the tie rod arm



E LV L3 = GC L3' E LV Le L = GC Le L' Step 8 — Repeat Step 7 for the right side to establish 1', 2', 3', eR' on the right construction arc with center at C R drawn in Step 5. Step 9 — Connect Point CL with straight lines to 1', 2', 3', e L' on the left construction arc about CL.



V – Point of intersection of a line drawn from E perpendicular to the king pin axis The technique then proceeds by the following steps. S tep 1 — Swing an arc around VL as the center with radius VLEL from the straight ahead position of E L to the maximum left turn wheel-cut position e L. 73



Step 10 — Connect Point C R with straight lines to 1', 2' , 3', eR on the right construction arc about CR. Step 11 — Extend the lines drawn in Steps 9 and 10 until the respective lines intersect as shown below: C L l' intersects with C R 1' CL2' intersects with CR2' CL3' intersects with CR3' C L e L ' intersects with CReR' Step 12 — Connect the intersection points established in Step 1 1 with a curved line. Step 13 — Draw a straight line from Point G at an angle C C which represents the locus whose tangent equals 2WB of points for perfect Ackermann Geometry. Step 14 — Compare the error between the curved line from Step 12 which represents the tie rod linkage with the straight line from Step 13 which represents perfect Ackermann Geometry. If the error is negligible, the tie rod design is satisfactory. If not, establish a new tie rod proposal and repeat the process until a satisfactory design is achieved. The intersection of the curved line representing the tie rod geometry and the straight line representing Ackermann Geometry at Points G and P proves the



statement made at the beginning of the appendix that the tie rod linkage system will provide ideal steering geometry in straight ahead driving and at one specific angle of wheel-cut. The above technique has ignored the minor layout error associated with swinging the arcs around V L and VR in the plan view to locate the locus of points for the tie rod arm balls during a turn. The completely correct technique would require that this arc be defined in a plane perpendicular to the king pin axis and then projected into the plan view. The reader will find that many times the situation is further simplified by making the caster angle zero and passing the ground plane through the tie rod ball joints. This simplifies the mathematics of the situation considerably and facilities computerization of this technique.



16. APPENDIX II — HYPOTHETICAL FAILURE MODE AND EFFECT ANALYSIS As mentioned in the text, a complete failure mode and effect analysis covers design, manufacturing, and assembly. Figure 80 is a diagram of a hypothetical control lever system used to connect two valves. An example of the FMEA Principle applied to the three major areas of design, manufacturing, and assembly for this control lever is shown in figure 81.



LAYOUT PROCEDURE FOR COMPARING TIE ROD TO ACKERMANN GEOMETRY



PLAN JF VIEW OF FRONT AXLE



SIDE VIEW OF FRONT AXLE



REAR VIEW OF FRONT AXLE



Figure 79 74



ADJUSTABLE LINKAGE SCHEMATIC



Figure 80



75



76 Figure 81



EXAMPLE FAILURE MODE AND EFFECT ANALYSIS
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